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Summary
Asymmetric and symmetric cylinder drives are the major actuators for hydraulic
linear motion control applications. The asymmetric type is the most popular one
and can be found in various areas, industrial, civil and even aerospace. Its
compact design in structure and high power to weight ratio are highlighted, but
nonlinear behaviours are found in these applications. An asymmetric cylinder
is usually controlled by a symmetric ported control valve, which introduces
difficulty in the motion control of the cylinder. To avoid such issue, symmetric
cylinder drives are typically chosen for high-performance dynamic response
applications. This thesis focusses at improving the modelling and driving of the
asymmetric cylinder drive system.
The major nonlinearities in asymmetric cylinder systems occur when the control
valve crosses its null position, causing pressure jumps, and system parameters
switching to new values. In this scenario, the system is usually operating at low
speed, in which the friction influence is an important factor. In addition, energy
efficiency is always a concern in hydraulic applications, a valve-controlled
asymmetric cylinder drive can have better controllability than a pump-controlled
system, but its energy efficiency is worse than the latter.
The aims of this research are to:
•

Improve modelling of asymmetric cylinder drive systems.

•

Improve the driving of asymmetric cylinder systems at low speed and
velocity reversal with friction consideration.

•

Combine the advantages of a valve-controlled and a pump-controlled
asymmetric cylinder drive system for energy efficiency purpose.

A detailed analysis of a valve-controlled asymmetric cylinder system is carried
out, and the nonlinearities behaviours are investigated in structure and theory
aspects. The simulation modelling in this thesis reveals the system
performances when the control valve travels across its null position, and this
process is simulated with a numerical solution. An analytical solution is
ii

developed, showing that the new analytical solution runs 200 times faster than
the original numerical method in simulation.
Friction is inevitable in any device and it plays an important role in hydraulic
nonlinearities, especially when the system runs at low speed and velocity
reversal. Existing friction models are investigated and reviewed, but limited
friction models considered the pressure influence in hydraulics. A new friction
model for hydraulic system is developed on current LuGre model. This new
friction model includes pressure term, acceleration term and velocity term. The
new friction model is validated by experimental results and improvements are
demonstrated.
Under the consideration of energy efficiency, functionality, cost and feasibilities,
a hybrid pump-controlled asymmetric cylinder system that combines the merits
of a valve-controlled system and a pump-controlled system is implemented. Its
pros and cons are investigated and analysed. Its simulation model is built to aid
further analysis of the existing nonlinearities.
Comparing the simulation results of the hybrid pump-controlled asymmetric
cylinder system with the valve-controlled asymmetric cylinder system, the
energy efficiency of the hybrid pump-controlled system is 20% better and can
be further optimised. The various experimental results validate the simulation
model of the hybrid system. Therefore, the functionality and feasibility of the
energy efficient design of the hybrid pump-controlled system are validated.
The design circuit of the hybrid pump-controlled asymmetric cylinder system is
not fully optimised, and improvements can be achieved in future works including
replacing the pilot shifted four-way valve with a solenoid valve, adding
accumulators to stabilise the pressure in the service line and adding a controller
to optimise the system performance.
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Chapter 1
Introduction
1.

Introduction

Hydraulic motion control systems are widely applied in the industrial, aerospace and
military area, due to their high power to weight ratio. In general, the industrial
applications have reduced demands for dynamic responses like applications in
aerospace and military. Symmetric cylinders can achieve rectilinear motion but are not
as compact as asymmetric cylinder systems. Due to their structure difference,
asymmetric cylinder systems introduce nonlinearities into the system. The traditional
hydraulic system suffers from a low energy efficiency problem, and a typical loadsensing hydraulic excavator delivers only around 10% energy to the load on average
[1].

Motivation

Hydraulic power systems are widely used in industrial manufacture, building
construction, port transportation, funfair, etc. They use fluid to achieve energy
transmission without a rigid joint. Hydraulic power is able to produce massive force
and torque within a compact and lighter package, and the conventional rigid
components like gears and joints can be avoided.
Hydraulic linear actuators are mainly symmetric cylinder or asymmetric cylinder. The
symmetric cylinder has equal piston area and the asymmetric type (also named as
single rod) cylinder comes with different piston areas. The symmetric cylinder is
usually utilised for high-performance requirements, due to its linear performance with
symmetric ported control valve. This type of cylinder is widely applied in aerospace
and military for high performance and dynamic response. However, the asymmetric
cylinder drive occupies 80% of the hydraulic applications [2], such as cranes, injection
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moulding systems, and hydraulic press machines, etc. The asymmetric cylinder drive
is usually controlled by a symmetric ported valve, unequal flow rate will be delivered
into cylinder chambers with same valve opening in the extending or retracting state,
which means system parameters do not remain the same after the valve crosses its
null position [3]. Leaney [4] did research in these nonlinearities, but how the system
performs when the valve in the underlap region is not explicitly explained.
Friction is an inevitable element in any mechanical system, especially when the
system operates at low speeds. It is more complicated in hydraulic areas, the fluid oil
plays lubrication role inside the cylinder and static friction is everywhere in mechanical
components. Friction not only affects the cylinder velocity, but also the chamber
pressures, as extra chamber pressures are required to overcome the friction. The
dynamic friction is changing along with the velocity [5], it will introduce more
nonlinearities into the system. Moreover, the friction in hydraulic systems is mainly
from the piston seal, but how the cylinder chamber pressures interact with friction is
seldom found in existing friction models.
Some traditional hydraulic applications like cranes, injection moulding systems, and
hydraulic press machines, use fixed supply pressure and servovalve for operation.
Such a system offers simple and reliable control of speed and force by adjusting the
servovalve opening areas to control the pressures of cylinder chamber. From an
energy point of view, energy efficiency is an inevitable problem in these kinds of
applications [6].
This thesis focuses on improving the modelling of asymmetric cylinder system,
analysing its nonlinearities and improving the energy efficiency of an asymmetric
cylinder drive system.

2

Aims and objectives

Though the asymmetric cylinder drive system with characteristics of compact structure
and high power to weight ratio is the most popular type in hydraulics, it introduces
nonlinear issues into this type of system. The nonlinearity is more noticeable when the
control valve near its null position, indicating that the cylinder is operating at low speed.
The friction issue is highlighted when the system running slow, and it is one of the
major nonlinearities in hydraulics. There has been a lot of research about the energy
saving concerns of hydraulic systems, and the pump directly controlled systems have
advantages in energy efficiency aspect, but such design is less stable than the valvecontrolled systems under certain conditions.
The aims of this research are to
•

Improve the modelling of asymmetric cylinder drive systems.

•

Improve the model accuracy of the asymmetric cylinder system at low speed
and velocity reversal with friction consideration.

•

Combine the advantages of a valve-controlled and a pump-controlled
asymmetric cylinder drive system for energy efficient purpose.

The objectives of this research are listed as follows:
•

Review of a conventional electrohydraulic asymmetric cylinder system and its
modelling method.

•

Review of various friction models.

•

Propose the design and analysis of an asymmetric cylinder drive system for
energy efficiency improvement.

•

Simulate each component of the system and carry out the simulation results
analysis.

•

Build a friction model for hydraulic drive systems.

•

Build a simple test rig for experimental verification of the proposed energy
efficient asymmetric cylinder drive system and validate the simulation model.

•

Analyse and compare the experimental and simulation results, including an
evaluation of the friction model accuracy.
3

•

Estimate the power consumption of the hybrid pump-controlled asymmetric
system by simulation and compare it with a fixed supply pressure valvecontrolled asymmetric cylinder system.

Structure of the thesis
Chapter 1 presents the introduction of the project. An overview of the asymmetric
cylinder system, the target of this system supposes to achieve, and its objectives are
interpreted.
Chapter 2 reviews the literature of a conventional four-way directional valve-controlled
asymmetric cylinder hydraulic system with fixed supply pressure, relevant applications,
several simulation methods, friction models and some energy saving hydraulic designs.
Chapter 3 reproduces the component linking model that describes a valve-controlled
asymmetric cylinder electrohydraulic system in Matlab Simulink. Discusses the
leakage flow influence when the valve in the underlap region, the service line
pressures behaviour in the underlap state, besides, developed an analytical solution
for pressures when the valve in its underlap region.
Chapter 4 presents the detailed descriptions of the hybrid pump controlled asymmetric
cylinder system built for this project. Each component is introduced, and the overall
design scheme is provided. Its predicted behaviours, functions and advantages are
discussed.
Chapter 5 presents the implementation of the new friction model based on original
LuGre model. Analyse each component of the friction model and compare with the
performance of the original friction model. Some experimental data is utilised in
advance to verify its improvement, so that the friction model can be applied in a later
chapter.
Chapter 6 presents the modelling of the hybrid pump-controlled system, each
component is modelled and combined to act as a whole system.
Chapter 7 presents the simulation and experimental results of the hybrid pumpcontrolled asymmetric cylinder system, including sine wave and square wave
4

movement. The simulation results and experimental results are compared and
analysed, so that the simulation model can be validated.
Chapter 8 presents the energy efficiency of the hybrid pump-controlled asymmetric
cylinder drive system by simulation. Simulation results are compared with a fixed
supply pressure valve-controlled asymmetric cylinder drive system that has the same
component sizing.
Chapter 9 presents the conclusions of the research, and possible future works are
discussed and listed.
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Chapter 2

Literature review
2. Literature review
This chapter contains overviews of relevant information about energy efficiency issues
and solutions raised from hydraulic systems, and nonlinear phenomenon caused by
the hydraulic system internal structure design and external factors. Topics include
analysis and comparison of various types of hydraulic designs for energy saving
purpose, their working principles, and the nonlinear behaviours explained with
modelling and equations. Understanding and review these pieces of this information
are helpful to develop an energy efficiency hydraulic system circuit for this research
and inhibit nonlinearities behaviours.

Background

Hydraulic system applications meet the requirements of large forces, large torques
and fast response in the industrial world. Though electro power transmission is
increasingly popular, the great power to weight ratio of the hydraulic makes it still
irreplaceable. Besides, the hydraulic system delivers power through fluid rather than
rigid components like gears and shafts, so the system can be constructed compactly.
The hydraulic covers a vast range of devices:
•

Mining and transportation

•

Bridge, canal-barrage locks

•

Transport, road vehicles, rail, shipping, aircraft

•

Testing machines

•

Production line machines, injection modelling
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•

Military vehicles, aerospace

A typical application is an injection moulding machine, its hydraulic parts repeat
extending and retracting duty cycles including mould closing, inject molten material,
hold mould and mould opening [7]. Figure 2-1 depicts an injection moulding machine
powered by hydraulic, the cylinder for screw-ram extends or retracts the screw to inject
molten material, and the clamping screw operates the mould open or close.

Figure 2-1 Mould injection machine [8]

The hydraulic component in this type of machine is normally a valve-controlled cylinder
system as shown in Figure 2-2, in this type of injection moulding machine an
asymmetric cylinder is used.
Asymmetric cylinder

Four-way
directional valve

Motor

M
Pump

Relief valve

Tank
Figure 2-2 Typical valve-controlled asymmetric cylinder system
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In Figure 2-2, in order to keep a constant supply pressure, the pump must keep
working during cylinder operation, so that extra fluid will go back to the tank through
the relief valve and the supply pressure is determined by the relief valve setting, such
design leads to a considerable energy losses [9]. Besides, the directional valve
regulates the fluid flow by limiting its spool opening area, which causes throttle losses
and a large amount of energy is transferred to heat.
An asymmetric cylinder is usually controlled by a symmetric ported valve, if the valve
operates with a symmetric action, like a symmetric square wave, the asymmetric
cylinder will respond with biased square wave motion, which causes oscillation
behaviour when the cylinder changes its direction of motion [10]. Furthermore, the
change of motion direction of the cylinder will affect the friction response [11], leading
to more nonlinear phenomenon.
Viersma [12] proposed an asymmetric cylinder drive controlled by a symmetric fourway valve as in Figure 2-3 to demonstrate its nonlinear behaviours.

Figure 2-3 Asymmetric cylinder controlled by a four-way valve scheme [12]

where 𝐴1 and 𝐴2 are piston areas; 𝑃1 and 𝑃2 are chamber pressures; 𝑃𝑠 is supply
pressure; 𝐿1 and 𝐿2 are the chamber length; 𝑦̇ is velocity; ∑ 𝐹 is net force; 𝑎1 , 𝑎2 , 𝑎3
and 𝑎4 are valve opening areas; 𝑄1 , 𝑄2 , 𝑄3 and 𝑄4 are the flows pass through their
𝐴

respective valve opening port; the area ratio 𝐴1 = 2.
2

Viersma [12] depicts pressure jumps as in Figure 2-4. Pressure jumps occur around
𝑦̇ = 0, causing ‘implosion’ or ‘explosion’ of oil owing to its compressibility, so that
smooth operation around 𝑦̇ = 0 is impossible. Except for 𝐴1 = 𝐴2 (symmetric cylinder).
8

Figure 2-4 Jump in cylinder pressure around 𝑦̇ = 0, due to asymmetric of the cylinder [12].

Most friction researches in hydraulics correlate the value of friction force with relative
velocity and displacement between contacting surfaces only. For instance, Owen [13]
utilises the LuGre friction model to describe friction in hydraulics. The cylinder piston
seal deformation will occur when it is under pressure, which will also affect the friction
force behaviour [14].
Due to the difference between the piston area and rod side area of an asymmetric
cylinder, the system is described by different models when it in the extending or
retracting state [15], which increases the hardship in performance analysis and system
control.
As a summary for this section, hydraulic power transmission is still not replaceable
due to its advantages, but with the growing requirements for energy efficiency, a
conventional constant supply pressure valve-controlled hydraulic system can be
redesigned to meet this demand. An energy efficient design at low cost is one of the
main targets of this research. Besides, the inevitable nonlinearities behaviour analysis
of the asymmetric cylinder system and its friction under pressure are also a major
concern.
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Energy efficiency of hydraulic systems

According to the NFPA USA (National Fluid Power Association), the efficiency of fluid
power systems is between the range of 4% to 60% and with an average efficiency of
22%. Hydraulic systems consist of many components which are responsible for the
transfer of fluid within the systems and the transfer of power [16]. Even for a loadsensing hydraulic application, the energy losses in the valve can still be around 43%
as in Figure 2-5.

Figure 2-5 Energy loss in mobile load sensing hydraulic application [16]

Energy efficiency is one of the concerns in industries in recent times as every company
in the fluid power market wants to reduce its energy footprint to reduce energy costs
and promote themselves as sustainable or so called ‘Green Manufacturers’. Such
systems are mainly separated into two types based on the design methodologies. One
is the energy efficient valve-controlled system and the other is energy efficient pumpcontrolled system. While every solution has its pros and cons, benchmarks of energy
efficiency for several design circuits under both concepts are carried out. Being aware
of the characteristics of each type of design is helpful for future research.
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2.2.1 Energy efficient valve-controlled systems
The design of a valve-controlled system needs a valve to regulate the flow in the
hydraulic system. Various methods are utilised to reduce the energy losses, for
instance, load-sensing systems, energy recovery systems, digital hydraulic systems,
etc.
The load-sensing hydraulic system is to reduce the energy losses by adjusting the
pump outlet pressure to the highest working pressure required, a typical load-sensing
hydraulic system is depicted in Figure 2-6. This load-sensing system composes of a
swash-plate controlled axial-piston pump, a critical centred spool valve and an
asymmetric cylinder.

Figure 2-6 Diagram of a typical load-sensing hydraulic system [17]

where 𝑣 is the cylinder velocity; 𝑃𝐴 is the piston chamber pressure; 𝑃𝐵 is the rod side
chamber pressure; 𝐴𝐴 is the piston area; 𝐴𝐵 is the rod side piston area; 𝑄𝐴 is the flow
delivered into the piston side chamber; 𝑄𝐵 is the flow delivered into the rod side
chamber; 𝑄𝐴𝑐 and 𝑄𝐵𝑐 are the compensate flow when the cylinder is overrunning; 𝑄1,
𝑄2 , 𝑄3 and 𝑄4 are the flow through the corresponding valve port respectively; 𝑃𝑃 is the
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pump outlet pressure; 𝑄𝑃 is the pump outlet flow; 𝑃𝑟 is the pressure in reservoir; 𝑄𝑟 is
the flow returning to the reservoir; 𝑇 is the motor torque applied on the pump; 𝜔 is the
angular speed and 𝛼 is the angle of the pump swash plate.
This system measures the fluid pressure on the working side of the actuator and
adjusts the swash-plate angle 𝛼 to generate sufficient flow to maintain a pump
discharge pressure 𝑃𝑃 .
Levi [17] states that this load-sensing system provides less than 40% energy efficiency
during retracting, but nearly 82% energy efficiency during cylinder extending. The
efficiency difference is caused by the difference between the asymmetric cylinder
piston areas, and utilising of the four-way valve to regulate the flow rate leads to throttle
losses in the system.
Wang [18] proposed a load-sensing system combined with energy recovery function
as depicted in Figure 2-7, the load-sensing pilot line adopts the highest working
pressure of both actuators and adjusts the pump outlet pressure to the required value.
In the working line with energy recovery, when the operation condition is overrunning
or the inlet pressure is not the highest, the hydraulic motor and its generator convert
the cylinder outlet energy into electrical form. The recovered energy can be restored
in battery or supercapacitor or directly supplied to the electric required devices.

Figure 2-7 Load-sensing & energy recover hydraulic system [18]
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At last, the stored power can be recovered to supply devices that require electricity.
The energy recovery efficiency is tested with a boom cylinder system [19], which is
described in Figure 2-8. Its variable displacement pump is driven by a hybrid power
engine, consisting of a diesel engine and an electrical machine, the pressure relief
valve is used for limiting the supply pressure.

Figure 2-8 Test bench of boom cylinder circuit with energy recovery [19].

When the boom cylinder retracts, the gravity will drive the oil in the cylinder chamber
to flow through the hydraulic motor, which actuates the coupling generator to produce
electricity and store the power in the supercapacitor. When the boom cylinder extends,
the stored power in the supercapacitor drives the cylinder motor (acting as a pump) to
assist the oil flow back to the tank. Therefore, the power required by the active pump
(next to the motor) and the fuel consumption of the system are reduced.
This energy recovery hydraulic device is tested under different conditions, the overall
energy recovery ratio is between 26% and 33% [19]. Though this system is able to
recover energy at a certain ratio, the supply pressure is still fixed, means there is extra
fluid flow to the tank to maintain the supply pressure. The relief valve setting can be
set to a required minimum value to reduce the energy losses, but it is still inevitable.
13

Based on the same energy recovery design strategy, an energy regeneration system
is put forward by [20] as depicted in Figure 2-9. The accumulator connected to the
pump is mainly used for reducing the pressure oscillations from the pressure source,
and the other one connected to the cylinder chamber is applied for energy recovery.
The ‘variable damping’ in Figure 2-9 can be considered as a servo needle valve, when
the cylinder is placed at left end stroke, the needle valve is almost closed, while in the
right end stroke, its opened at maximum.

Figure 2-9 Energy regeneration system for hydraulic impulse testing [20]

The energy restoring and recovering processes are clear and simple. When the
cylinder retracts to its left end, the hydraulic oil is compressed into the accumulator,
and when the cylinder extends to the right end, the accumulator releases the pressed
fluid to the chamber. Man [20] stated that the system with accumulators could reduce
energy consumption by 15% compare with the system without an accumulator.
A Digital hydraulic valve system utilises a number of on/off valves for its operation.
The on/off valves are part of the digital flow control unit as depicted in Figure 2-10.
The on/off valves may have equal flow capacity and the unit flow is controlled by pulse
number modulation (PNM) [21].
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Figure 2-10 Diagram of digital flow control unit (DFCU) and its drawing symbol [21]

There usually a few (four or more) digital flow control units (DFCUs) in the hydraulic
system to perform independent metering control. Figure 2-11 presents a digital valve
system consisting of four DFCUs. From the energy perspective, Huova [21] compares
the energy losses of a digital valve system with a load-sensing four-way proportional
valve system, the energy losses in the digital valve system are reduced by 29% - 67%
compared to a load-sensing proportional valve system in different load conditions.

Figure 2-11 Four-DFCU controlled digital valve system [21]

However, the control mechanism of the digital valve system is far more complicated,
multiple on/off valves existing in one single DFCU. Therefore, the states of the valves
must be taken into consideration in the controlling method.
With these examples, various types of efficient valve-controlled system are reviewed,
•

The load-sensing system is to reduce the energy consumption from the input
aspect, but throttle losses are inevitable.
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•

The energy recovery system aims at recycling energy and reusing it to power
the system. Its reduction of energy consumption is around 15% to 30%.
Applications can be found in [22], [23], [24].

•

Digital hydraulic systems have better energy efficiency compared to a
conventional load-sensing system, due to its independent metering function,
but its control method is far more complicated.

Throttle losses in these applications can still be found, which is inevitable in any valvecontrolled hydraulic system. The next section discusses the pump-controlled system
applications that eliminate throttle losses in hydraulics.

2.2.2 Pump-controlled hydraulic systems
Another type of energy saving hydraulic design is to change its structure design to
avoid throttling losses and reduce the fluid required, the pump directly controlled
hydraulic systems meet these requirements. They can be summarized into two types
of system [25], an open circuit and a closed circuit as depicted in Figure 2-12. These
are basic simplified circuits and some components are missing. Though the open
circuit is still applied with a control valve, it usually operates from one end stroke to the
other end, which indicates that the valve will always stay at its maximum opening state
during operation [26]. The closed circuit not even have a valve, the pump directly
delivers fluid oil into the cylinder chamber, the pump must be a bidirectional type to be
able to deliver fluid into different chambers [27].
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Figure 2-12 Simplified basic schemes of open circuit (a and b) and closed circuit (c and d) [25]

Quan [25] reviewed and summarised that the pump-controlled hydraulic system’s
energy efficiency can be improved more than 40% on average compared to a
conventional valve-controlled system. However, as the circuits in Figure 2-12 is
simplified basic circuits, some problems can be found. The accumulators in the open
circuit in Figure 2-12 (a) and (b) intend to provide some charging pressure during
operation, but the accumulators will affect the stability performance of the open circuit
and the accumulators are not essential. For the closed circuit in Figure 2-12 (d),
imbalance flow problem is obvious, when the system is extending or retracting,
cavitation will happen in one of the cylinder chambers and leads to a stability problem.
Normally, check valves that connected to an oil tank will be added to this type of closed
circuit to compensate for the imbalanced flow rate. Based on these basic circuits,
various designs are put forward by researchers and they are reviewed in the rest part
of this section.
An investigation of a unidirectional pump-controlled asymmetric cylinder position
control system is carried out [28], Figure 2-13 shows the schematic circuit of the
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system. The system is based on the open circuit design using a control valve to switch
the flow direction, the return line fluid is delivered back to the tank.

Figure 2-13 Schematic circuit of unidirectional pump-controlled asymmetric cylinder system [28]

The directional valve in this circuit only operates at left end stroke or right end stroke
to maximum the opening area during operation to reduce the throttle losses. The
cylinder velocity, position and chamber pressure are controlled by the AC servo motor
only. However, in Tao [28]’s research, the controller only covers the cylinder extension
scenario and its model predictive controller is constructed based on the mathematic
model of the system when the cylinder extends. This kind of open circuit pumpcontrolled strategy is utilised in an injection moulding machine to achieve the energy
saving purpose [29] and it saves around 30% of energy compared to a conventional
system. In a mobile pump-controlled hydraulic system [30], such design reduces
around 14% of energy compared to a load-sensing design.
For the closed circuit, Rahmfeld proposed a variable displacement pump-controlled
asymmetric cylinder system [31] as depicted in Figure 2-14, its pilot check valves are
implemented to balance the flow differential during operation. The relief valve that
connected to the unidirectional pump is used to maintain the charge pressure. When
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any cylinder chamber pressure is lower than some certain value, compensation can
be achieved through the check valve.
When the cylinder is extending, the chamber pressure 𝑃𝑎 increases but chamber
pressure 𝑃𝑏 decreases much faster due to the unbalanced flow rate, during which the
check valve B is opened and the unbalanced flow is compensated. When the cylinder
is retracting, chamber pressure 𝑃𝑎 increases rapidly due to the unbalanced flow, and
pressure 𝑃𝑏 must be larger to balance the force, so that the check valve A opens and
extra flow from the piston chamber can be released. The latter causes 𝑃𝑎 to decease
and thus check valve A to close. The process of 𝑃𝑎 increasing and decreasing, causing
the check valve A to open and close, will be repeated and oscillations will occur in the
system.

Figure 2-14 Variable pump-controlled asymmetric cylinder system [31]

An improved design is carried out by [32], which utilises two servo flow control valves
to stabilise the system performances as depicted in Figure 2-15. When oscillation
occurs, the servo valves 4a and 4b will open to release the extra pressurised fluid to
the tank. Wang [32] stated that his design encountered a critical mass problem.
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Figure 2-15 Improved closed circuit of pump controlled asymmetric cylinder system [32]

If the load added to the cylinder is far from a critical value, the system performances
are satisfied, but when the load is close to the critical value and the controller is off,
pressure oscillations during operation becomes severe as described in Figure 2-16.

Figure 2-16 Pressure oscillations [32]

In another paper from [33], it claimed the pressure oscillation occurs when both
cylinder chamber pressures are close to the charge pressure. It can be noticed that
the severe pressure oscillations only happened when the cylinder is under the
retracting state, which is caused by the check valve to open and close under this
situation. Similarly, Williamson [34] observed oscillations in his closed circuit pumpcontrolled hydraulic system when the cylinder is rapidly lowering small loads.
A closed circuit pump-controlled system with accumulator is simulated by [35] as in
Figure 2-17, its system energy efficiency performance varied from 32% to 66%
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depending on the pump or motor displacement, but its open loop test shows
oscillations during operation.

Figure 2-17 A pump controlled hydraulic system with energy recovery [35]

The oscillations are caused by the accumulator in the return line to charge and
discharge in a step input test as in Figure 2-18.

Figure 2-18 Speed and pressure of the pump-controlled system [35]

As throttle losses can be eliminated as there is no valve to regulate the flow rate and
a constant supply pressure is not essential in a pump-controlled hydraulic system, the
pump-controlled system usually has much better energy efficiency compared to a
valve-controlled system.
Without a servo proportional valve, the flow rate and pressure control of the pumpcontrolled system are achieved by adjusting the pump speed, accumulator and relief
valve settings. As these components are not dynamically fast respond like a servo
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valve, a pump-controlled system is likely to perform oscillations under some certain
conditions. These factors lead to the requirement of a more complicated controller to
eliminate oscillations.
As a summary of the energy efficiency solutions for hydraulic systems, they can be
concluded into two major types, one is a valve-controlled system and the other is a
pump-controlled system. Many pieces of research are not exactly same as the
examples in section 2.2.1 and 2.2.2, but there is no substantial difference, Li [36]
combined a hydraulic accumulator with an electric regeneration unit to achieve a better
energy recovery solution. Zhao [37] proposed a hydraulic hybrid excavator system
with energy recovery accumulator added to a pump-controlled system, which offered
great energy efficiency.
Compare between these designs and examples, the valve-controlled solutions can
offer better controllability than pump-controlled designs, but the latter has greater
energy efficiency. In pump-controlled designs, they can be sorted into the open circuit
or closed circuit [25], the open circuit is more stable compared to the closed one. When
the asymmetric cylinder is the actuator, the closed circuit must take flow compensation
into consideration [38], which can cause some unexpected behaviours, like pressure
oscillation. However, an open circuit is often equipped with a servovalve, which is cost
unfriendly. Hence, an ideal hydraulic actuator system should be able to offer good
energy efficiency, low cost and good stability, which is one of the targets of this
research.

Modelling of hydraulic cylinder systems
Simulation of hydraulics helps to understand its system performance, nonlinear
behaviours and working principles. The energy efficient valve-controlled system is
basically a conventional servovalve controlled hydraulic system, but the pumpcontrolled system is not equipped with a constant supply pressure, so that their
modelling equations and methods will be different. Two modelling examples for both
types are reviewed, their equations and methods are useful for future simulation of this
research.
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2.3.1 A four-way valve-controlled asymmetric cylinder system
A test rig of a four-way servovalve controlled asymmetric cylinder hydraulic system is
constructed by Leaney [39], the system is a typical conventional valve-controlled
asymmetric cylinder system, which is depicted in Figure 2-19, the Moog series 76
model 102 four-way valve is used to control the asymmetric cylinder system to achieve
the desired output.

Figure 2-19 Schematic circuit of the Moog valve controlled asymmetric cylinder system [39]

Leaney [4] simulated his test rig with ‘Component Linking’ method, which models each
of the components such as valve, actuator/cylinder and load, then combines them to
perform the whole system simulation. This method aims at simplifying the ‘Small
Perturbation’ model [40], which utilised a single transfer function to describe a whole
hydraulic system. However, as not all parameters of a hydraulic system remain
constant during operation and a single transfer function is mainly designed for a linear
time-invariant (LTI) system, a single transfer function is difficult to capture the
behaviours of a hydraulic system. Modelling the components separately is easier for
the analysis and adjusting of the system parameters.
The components of the asymmetric cylinder system are connected by the concept of
‘power bonding’, in other words, the components are connected by the power transfer,
such concept is still utilised nowadays for a hydraulic system of the 50 wheel loader
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[41]. In Leaney’s paper [39], three components are the major concerns, which are
valve, actuator and load model. Their power transfers are indicated in Figure 2-20, the
voltage is input to the valve model to control the valve opening, the flow passes
through the valve and drops to a certain value. Pressure and flow are delivered to the
actuator model, which outputs the force/torque and velocity. Finally, the load model
outputs the velocity and force.

Voltage

Valve

Pressure
Flow

Force/Torque

Velocity

Load

Actuator
Velocity

Force

Figure 2-20 Power Bonding routine

2.3.1.1 Valve model
The control valve (electrohydraulic valve) in Figure 2-19 is a Moog 76 model 102 flow
control four-way servovalve, its schematic diagram is depicted in Figure 2-21.
Torque motor

Control line

Figure 2-21 Moog 76 model 102 flow control valve [78]

If current 𝑖 is applied in the armature coil in the torque motor, the T-shape flapper
rotates slightly. Assuming the flapper rotates clockwise, the offset between the left
nozzle and flapper decreases, which leads to the decrease of flow passing through
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the left nozzle and causes the pressure increasing in the left control line. A similar
process occurs in the right control line, leading to a decrease of pressure.
The pressure difference in the control line moves the spool, therefore bends the
feedback spring to balance the torque generated by the torque motor, so that the spool
displacement is dependent on the rotation of the torque motor; furthermore, the spool
displacement is dependent on the current.
Appropriate transfer functions, equations 2.1 and 2.2, are given by Moog [42]. The
expressions are linear, empirical relationships that approximate the responses of the
actual servovalve.
For the frequency range about 50 Hz, the valve dynamic can be approximated by a
first-order transfer function below [42]:
𝑄(𝑠)
1
=𝐾
𝐼(𝑠)
1 + 𝜏𝑠 𝑠

(2.1)

3

where 𝐾 is the flow gain [𝑚 ⁄𝑠 ∙ 𝑎𝑚𝑝] and 𝜏𝑠 is the servovalve time constant [𝑠𝑒𝑐].
A second-order transfer function is necessary to represent wider frequency range
response as given below [42]:
𝑄(𝑠)
=𝐾
𝐼(𝑠)

1
2𝜁
𝑠 2
1 + (𝜔 ) 𝑠 + (𝜔 )
𝑛

(2.2)

𝑛

where 𝜔𝑛 is the natural frequency [𝑟𝑎𝑑/𝑠], and 𝜁 is the damping ratio. The frequency
response diagrams of the servovalve is depicted in Appendix I. In a limit cycle
oscillation study of a low-frequency phenomenon, a higher order valve model does not
have significant difference compared to a lower order model [43]. Hisa [44] stated that
a reduced order transfer function can be used to approximate a higher order transfer
function, and a first order model is used as a reference model by Persson et al [45].
As all of the valve operational frequencies in this research are much lower than 50 Hz,
the first order transfer function equation 2.1 is chosen for the valve model. As the
displacement of the spool, 𝑋(𝑠), controls the flow rate of the valve, equation 2.1 can
be modified as:
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𝑋𝑠 (𝑠)
1
= 𝐾𝑠
𝐼(𝑠)
1 + 𝜏𝑠 𝑠

(2.3)

where 𝐾𝑠 is the gain of the system [𝑚⁄𝑎𝑚𝑝].
The current is generated by an amplifier. Assuming the amplifier is ideal, then current
is proportional to the input voltage as given by equation 2.4:
𝐼(𝑠)
= 𝐾𝐴
𝑉𝑣 (𝑠)
where 𝐾𝐴 is the gain of voltage to current [

(2.4)

𝑎𝑚𝑝
⁄𝑣𝑜𝑙𝑡].

Hence the valve dynamics are represented by:
𝑋𝑠 (𝑠)
𝐾𝐴 𝐾𝑠
=
𝑉𝑣 (𝑠) 1 + 𝜏𝑠 𝑠

(2.5)

A block diagram for this valve model is depicted in Figure 2-22.

Figure 2-22 Valve model block diagram

2.3.1.2 Flow gain
The flow gain is the gain that depicts the relationship between the valve opening and
the flow across it. In order to interpret it clearly, a physical layout of the four-way valvecontrolled asymmetric cylinder is listed in Figure 2-23:

Figure 2-23 Physical layout of the four-way valve controlled asymmetric cylinder [4]
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𝑄1 is the flow rate that delivered into the piston side chamber, 𝑉1 is the volume of fluid
that trapped in the piston chamber, 𝐴1 is the piston side area of the cylinder, the
subscript 2 indicates corresponding parameters in rod side chamber. 𝑃𝑠 is the supply
pressure, 𝑃𝑇 is the return line pressure of oil tank, which is zero. 𝐴𝑉 is the opening
area of the corresponding port of the valve, subscripts 1, 2, 3 and 4 indicate different
ports of the valve which are depicted in Figure 2-23. 𝑥𝑃 is the cylinder displacement.
𝑄𝑃1 is the flow pass through the 𝐴𝑉1 port, 𝑄1𝑇 is the flow pass through 𝐴𝑉2 port, 𝑄2𝑇 is
the flow pass through the 𝐴𝑉3 port and 𝑄𝑃2 is the flow pass though the 𝐴𝑉4 port.
The flow deliver into the chambers can be described as:
1
1
2
𝑄1 = 𝑄𝑃1 − 𝑄1𝑇 = 𝐶𝐷 √ [𝐴𝑉1 (𝑃𝑠 − 𝑃1 )2 − 𝐴𝑉2 (𝑃1 )2 ]
𝜌

(2.6)

1
1
2
𝑄2 = 𝑄2𝑇 − 𝑄𝑃2 = 𝐶𝐷 √ [𝐴𝑉3 (𝑃2 )2 − 𝐴𝑉4 (𝑃𝑠 − 𝑃2 )2 ]
𝜌

(2.7)

For a symmetric ported valve, 𝐴𝑉1 = 𝐴𝑉3 and 𝐴𝑉2 = 𝐴𝑉4 , so that equations 2.6 and
2.7 can be simplified as:
1
1
2
𝑄1 = 𝑄𝑃1 − 𝑄1𝑇 = 𝐶𝐷 √ [𝐴𝑉1 (𝑃𝑠 − 𝑃1 )2 − 𝐴𝑉2 (𝑃1 )2 ]
𝜌

(2.8)

1
1
2
𝑄2 = 𝑄2𝑇 − 𝑄𝑃2 = 𝐶𝐷 √ [𝐴𝑉1 (𝑃2 )2 − 𝐴𝑉2 (𝑃𝑠 − 𝑃2 )2 ]
𝜌

(2.9)

These two equations can be applied when the valve is in the extending, retracting and
underlap region, the underlap region is the valve spool position where all ports opening
areas are non-zero. Even for a zerolapped valve, due to the manufacture tolerance,
there will be a small underlap when the spool is placed in the null position. Figure 2-24
depicts the theoretical and actual situation for a nominally zero lapped valve.
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Figure 2-24 Theoretical and actual situation of a zero-lapped valve [4]

The manufacture tolerances can be identified as:
i.

Radial clearance between spool and sleeve

ii.

Tolerance on lap

Such tolerance will lead to variation of flow gain when the valve in its null region [46].
The flow gain model block diagram is depicted in Figure 2-25.

Figure 2-25 Flow gain model block diagram

2.3.1.3 The actuator model
The actuator model connects the valve and load model, which accepts the information
of flow and pressure as input, then output force to the load model. The types of
hydraulic actuators are mainly symmetric cylinder, asymmetric cylinder and hydraulic
motor. Due to the target of this research, the asymmetric cylinder is the only one under
analysis.
No matter the asymmetric cylinder in the extending or retracting state, the flow in its
chamber consists of input flow, displacement flow and compressibility flow. But under
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different operational states, the flow balance equations in different chambers are not
the same.
For the cylinder extending state:
𝑄1 = 𝑄𝐷1 + 𝑄𝐶1

(2.10)

𝑄2 = 𝑄𝐷2 − 𝑄𝐶2

(2.11)

𝑄2 = 𝑄𝐷2 + 𝑄𝐶2

(2.12)

𝑄1 = 𝑄𝐷1 − 𝑄𝐶1

(2.13)

𝑄𝐷1 = 𝑣 ∙ 𝐴1 𝑄𝐷2 = 𝑣 ∙ 𝐴2

(2.14)

For the cylinder retracting state:

where

𝑄𝐶1 =

𝑠𝑃1 ∙ 𝑉1
𝑠𝑃2 ∙ 𝑉2
𝑄𝐶2 =
𝐵
𝐵

(2.15)

𝐴 is the area of cylinder piston side area or rod side area [𝑚2 ], 𝑣 is the cylinder velocity
[ 𝑚⁄𝑠 ], 𝑉 is the cylinder chamber volume [𝑚3 ], 𝑃 is the cylinder chamber pressure
[𝑁⁄𝑚2] and 𝐵 is the fluid Bulking Modulus [𝑁⁄𝑚2]. The subscript 1 and 2 indicate the
piston side chamber and rod side chamber respectively.
A generalised definition of these equations is proposed by [39], which uses effective
parameters to describe the system behaviours rather analyse them separately in
different cylinder chambers. The generalised equations are depicted as:
𝑃𝐿𝐸 =
𝐴𝐸 =

𝑃1 𝐴1 −𝑃2 𝐴2

𝑄𝐿𝐸 =

𝐴𝐸

𝐴1 +𝐴2

𝑄𝐷𝐸 =

2

𝑄𝐶𝐸 =

𝑄𝐶1 +𝑄𝐶2
2

𝑄1 +𝑄2
2

𝑄𝐷1 +𝑄𝐷2
2

(2.16)

= 𝑄𝐿𝐸 − 𝑄𝐷𝐸

where the subscript 𝐸 indicates that it is an effective parameter. Substitute these
effective parameters into the flow and pressure equations reveals:
For cylinder extending (𝐴𝑉2 =0 and 𝐴𝑉1 >0), the service line pressures can be rewritten
as [39]:
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(𝑃1 )𝑒𝑥𝑡 =

1
𝑃𝑠 + γ2 2 (1 + γ)𝑃𝐿𝐸

(𝑃2 )𝑒𝑥𝑡 =

1+

γ3

1
γ𝑃𝑠 − 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

(2.17)

(2.18)

For cylinder retracting (𝐴𝑉2 >0 and 𝐴𝑉1 =0), the service line pressures can be rewritten
as [39]:

(𝑃1 )𝑟𝑒𝑡 =

1
γ2 𝑃𝑠 + γ2 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

(𝑃2 )𝑟𝑒𝑡 =

1
γ3 𝑃𝑠 − 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

(2.19)

(2.20)

where γ is the area ratio of the cylinder, Leaney [39] introduced 𝑋 factor to unify the
expression for 𝑃1 , 𝑃2 and utilised the generalised concepts in the component linking
method. The 𝑋 factor value depends on the region of the spool operation, 𝑋=1 for
cylinder extending state and 𝑋=γ2 for cylinder retracting state. And the service line
pressure 𝑃1 and 𝑃2 can be written as:
1
𝑋𝑃𝑠 + γ2 (1 + γ)𝑃𝐿𝐸
2
𝑃1 =
1 + γ3

𝑃2 =

1
Xγ𝑃𝑠 − 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

𝑃𝐿𝐸 = (

4𝐵
)𝑄
𝑠𝑉𝑇𝐸 𝐶𝐸

(2.21)

(2.22)

(2.23)

where γ is the area ratio and 𝑉𝑇𝐸 is effective total volume [𝑚3 ].

𝑉𝑇𝐸 =

2𝐴𝐸
𝐴1

𝐴 2
𝑉1 + (𝐴2 ) 𝑉2
1

𝐴2 3
1
+
(
[
𝐴1 ) ]

(2.24)

The 𝑋 factor value is known and clear when the valve is outside the underlap region.
However, when the valve spool is in the underlap region, the X value is difficult to be
found explicitly and it can be numerically solved by an implicit equation 2.25 [39] as
below:
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1

1

1

1

𝐴𝑣1 (1 + γ3 − 𝑋)2 − 𝐴𝑣2 (𝑋)2 = γ [𝐴𝑣1 (𝑋γ)2 − 𝐴𝑣2 (1 + γ3 − 𝑋γ)2 ]

(2.25)

Now the effective load flow can be revealed [39]:

𝑄𝐿𝐸

1

2
(1 + 𝛾)2
1
√
(1
=
[𝐴
(𝑋𝛾𝑃
−
+
𝛾)𝑃
)
𝑣1
𝑠
𝐿𝐸
3
2
√2𝜌 1 + 𝛾

𝐶𝐷

1

(2.26)

2
1
− 𝐴𝑣2 [(1 + 𝛾 3 − 𝑋𝛾)𝑃𝑠 + (1 + 𝛾)𝑃𝐿𝐸 ] ]
2

The actuator model block diagram is depicted in Figure 2-26.

Figure 2-26 The actuator model block diagram

2.3.1.4 The load model
The load model is various based on different test rig set up, in order to simplify the
analysis afterwards, the load set up is a simple asymmetric cylinder coupling with a
load, which is placed on a surface, So that the load force balance can be depicted by:
𝑃1 𝐴1 − 𝑃2 𝐴2 = 𝑃𝐿𝐸 𝐴𝐸 = 𝑚 ∙ 𝑎 + 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 𝑓𝑜𝑟𝑐𝑒 + 𝐹𝑒𝑥𝑡𝑒𝑟𝑛𝑎𝑙

(2.27)

where 𝑚 is the load mass [𝑘𝑔] and 𝑎 is the acceleration [𝑚⁄𝑠 2 ].
The friction model in Leaney ’s work [39] is a simple Coulomb and Viscous friction as
in Figure 2-27:
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Figure 2-27 Coulomb Viscous friction [47]

This friction model is widely applied in the industrial and academic world when the
friction is not a major concern. However, as the nonlinearities existing in the
asymmetric cylinder system, the friction may have more influences than that described
by the Coulomb and viscous friction, especially for low velocity.
The load model block diagram is depicted in Figure 2-28.

Figure 2-28 The load model block diagram

2.3.1.5 A Summary of the ‘Component Linking’ method
After modelling each of the components, connecting them by the power bond to obtain
a whole model that describes the entire system. This model in Figure 2-29 is not only
able to simulate the asymmetric cylinder system, but also the symmetric cylinder
system by changing the area ratio γ to 1.
This ‘Component Linking’ method utilises generalised concept to unify the simulation
equations that used for both cylinder extending and retracting states, an implicit
equation of 𝑋 factor is put forward to calculate the system behaviour when the valve
spool in the underlap region. The overall component linking model block diagram for
this Moog valve-controlled asymmetric cylinder drive is depicted in Figure 2-29.
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Figure 2-29 Overall component linking model block diagram

This method simulated the system behaviour well as depicted in Figure 2-30, captured
almost all the behaviours observed from experimental results.

(a)

Experimental

(b)

Simulation

Figure 2-30 Velocity and load pressure plots for an open-loop step velocity command of +/-90 mm/s [39]

But the most important precondition of the generalised equations is the constant
supply pressure, the generalised concept may not be suitable for a pump-controlled
system, but the concept of connecting all the models of components should be useful
for future research, as its simulation results indeed have a good consistency with the
experimental results. Furthermore, the 𝑋 factor equation 2.25 is worth to be further
studied and researched.
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2.3.2 Modelling of a pump-controlled hydraulic system
The last section reviewed a simulation strategy of a constant supply pressure
servovalve controlled hydraulic system. A ‘Component Linking’ simulation method
performs well for that set up, however, the pump-controlled system does not operate
with a constant supply pressure. When operating at a constant pump speed, the pump
will provide a constant flow rate to the system. Thus, the modelling of this type of
hydraulic system is worth to be reviewed and evaluated.
2.3.2.1 A state space model for a pump-controlled asymmetric cylinder system
A unidirectional proportional pump-controlled asymmetric cylinder system test rig is
proposed in [48], which is depicted in Figure 2-31. The system consists of an AC servo
motor, unidirectional variable speed proportional pump, directional control valve,
asymmetric cylinder, oil tank, sensors, mass block, springs and damper.

Figure 2-31 A pump-controlled asymmetric cylinder test rig [48]

The circuit of this system is depicted in Figure 2-31, with some assumptions proposed
by [48], and the circuit can be simplified as in Figure 2-32. Assuming the oil
temperature and bulking modulus are constant, the pump rotary speed is proportional
to the input signal, pressure drops of the directional valve are small and negligible,
pump leakage is neglected, safety valve is closed during operation, the cylinder
chamber’s volume introduced by piston movement is small and negligible and the
initial values of system states are zero.
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Displacement
sensor

Figure 2-32 Simplified circuit for pump-controlled asymmetric cylinder [48]

As shown in Figure 2-32, it is a simplified circuit when the cylinder in the extending
state, the rod side chamber is connected to the tank and pressure 𝑃2 = 0. Hence, the
flow balance equation can be written as:
𝑞1 =

𝑉1
𝑃̇ + 𝐴1 𝑦̇ + 𝐾𝑐𝑖 𝑃1
𝐵𝑘 1

(2.28)

where 𝑉1 is the piston side chamber volume [𝑚3 ], 𝐵𝑘 is the fluid bulking modulus
[𝑁⁄𝑚2 ], 𝑃1 is the piston side chamber pressure [𝑁⁄𝑚2 ], 𝐴1 is the piston side area, 𝐾𝑐𝑖
is the inner leakage coefficient [𝑚5 ⁄𝑁 ∙ 𝑠], 𝑞1 is equal to the pump’s output flow 𝑄𝑃
[𝑚3 ⁄𝑠], which is:
𝑞1 = 𝐷𝑃 𝜔

(2.29)

where 𝐷𝑃 is the ratio between the pump flow and motor rotary speed [𝑚3 ⁄𝑟𝑎𝑑], 𝜔 is
the pump speed [𝑟𝑎𝑑⁄𝑠]. The time constant of the servo motor in Figure 2-31 is 0.05s
[48], which is far less than that of the system, so that the motor dynamic can be ignored,
and the rotary speed 𝜔 is:
𝜔 = 𝐾𝜔 𝑢

(2.30)

where 𝑢 is the command signal [𝑣𝑜𝑙𝑡] and 𝐾𝜔 is the coefficient of the command signal
to motor speed [𝑟𝑎𝑑⁄𝑠 ∙ 𝑣𝑜𝑙𝑡]. Consider the force balance on the load, the following
equation is obtained:
𝑃1 𝐴1 = 𝑚𝑦̈ + 𝑏𝑦̇ + 𝑘𝑦

(2.31)
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where 𝑚 is the mass of the load [𝑘𝑔], 𝑏 is the coefficient of damping [𝑁 ∙ 𝑠⁄𝑚], 𝑘 is the
stiffness of the spring [𝑁⁄𝑚] and 𝑦 is the displacement [𝑚]. Define the state variables
𝑥1 = 𝑃1 , 𝑥2 = 𝑃2 , 𝑥3 = 𝑦̇ and the vector 𝑋 = [𝑥1

𝑥2

𝑥3 ]𝑇 , 𝑈 = 𝑢 is the input variable

and 𝑌 = 𝑦 is the output variable. The state space model is given by:
𝑥̇ = 𝐴𝑋 + 𝐵𝑈
(2.32)
𝑌 = 𝐶𝑋
where 𝐴, 𝐵 and 𝐶 is the coefficient matrix of the system, they are revealed as:
𝐵𝑘
𝐾
𝑉1 𝑐𝑖
𝐴=
0
𝐴1
[ 𝑚
−

0
0
𝑘
−
𝑚

𝐵𝑘
𝐷𝑃 𝐾𝜔
𝑉
1
𝐵=[
]
0
0
𝐶 = [0

𝐵𝑘
𝐴
𝑉1 1
1
𝑏
−
𝑚 ]

−

(2.33)

1 0]

The simulation model proposed in [48] is implemented only under cylinder extending
state, the simulation model in the cylinder retracting state is not analysed and
constructed.
For sure the state space model will be different due to the force balance equation
changes when cylinder in the retracting state, this difference will lead to system
nonlinear behaviours and also the nonlinearities for its control [49]. In a pumpcontrolled steer-by-wire system, two separate models are utilised to simulate this
pump-controlled asymmetric cylinder system [50]. Similar strategies can be found in
[51], [52] and [53].
2.3.2.2 A summary of the state space model
In the last section, a state space model for a pump-controlled asymmetric cylinder
hydraulic system is carried out by [48]. The cylinder chamber 𝑉1 volume is set to be
constant in coefficient matrix 𝐴. However, the chamber volume 𝑉1 does not possibly
remain as a constant during cylinder operation. The reason for using the constant
coefficient matrix is to build a controller in an easier way, and the difference between
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the model and the real test rig can be compensated by the controller. However, such
a model is not able to reflect all the nonlinearities in a pump-controlled asymmetric
cylinder system, and the model only described the system in the extending state. The
flow balance equations of the pump-controlled asymmetric cylinder system are
different in either extending or retracting state, which indicates the system parameters
under both states are different as well. These points are worth to be noticed in future
research.

Friction in hydraulics
Friction is inevitable in a fluid power system, which includes sliding components,
especially for a hydraulic actuator. The majority of friction existing in a hydraulic
system is produced by the cylinder seals and the relative motion of the cylinder piston,
some undesired influences may affect the performance of the system. Thus, friction
behaviours must be taken into consideration.

2.4.1 Basic friction behaviours
The friction force is generated from the relative motion between two contacting
surfaces, so that most of the characteristics of the friction can be depicted as a function
of the velocity. Their basic behaviours are depicted in Figure 2-33:
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Coulomb friction

Viscous friction

Stribeck friction

Combined friction

Figure 2-33 General friction characteristics and the combined friction [54]

Graph (a) in Figure 2-33 describes Coulomb friction, which is a constant value due to
the degree of roughness of the contacting surfaces. It is independent of the velocity
and regarded as a simple model for dry friction.
Graph (b) illustrates the viscous friction which is proportional to velocity, and
expressed as a function of coefficient 𝐵 multiplied with the velocity as in graph (b).
In Graph (c), a friction phenomenon called Stribeck effect is depicted, which introduces
friction force at low velocity. It is decreasing exponentially from the difference between
the stiction force and the Coulomb force to zero [55].
Graph (d) combines all of the three friction behaviours in the graph (a), (b) and (c),
reveals the basic friction behaviours under different velocity range. A detailed
explanation of the Stribeck regime is carried out in [56], and its four regimes of Stribeck
friction curve are illustrated by [57] as in Figure 2-34.
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Figure 2-34 Four regimes of Stribeck effect [57]

The Stribeck effect is related to the surface lubrication conditions, and the hydraulic
fluid oil in the hydraulic system plays a role as lubrication. The four regimes are
detailed interpreted in [58], they are static friction, boundary lubrication, partial fluid
lubrication and full fluid lubrication. Friction in the stiction and boundary lubrication
regimes are solid friction, and the velocity does not reach the level that the fluid film
layer can be formed. Boundary lubrication can be regarded as a process of the shear
in solids, and the solid shear strength is normally greater than fluids, thus the friction
in the second regime is greater than that in the third regime [58].
The friction lag phenomenon is occurred around Stribeck effect as in Figure 2-35, the
friction force is larger when the velocity in acceleration state than that in deceleration
state, a time lag of friction response is used to interpret it [59] and experimental test
under lubricated condition is carried out to verify this phenomenon [60].
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Figure 2-35 Friction lag [61]

Such a phenomenon can be explained as a squeeze effect, in which time is required
to form the new oil film thickness. With the lubrication conditions in Figure 2-34, for a
certain velocity, the friction force in acceleration state is larger than that in deceleration
state.
Stick-slip motion is another nonlinearity in friction, it appears as oscillation during the
load moves at a low velocity as in Figure 2-36, and not only affected by the condition
of the contacting surfaces, but also the dynamics of the system.

Figure 2-36 Stick-slip motion of friction [62]

The stick-slip motion can be regarded as the asperities springs repeat building up and
breaking between contact surfaces as in Figure 2-37, which is explained under
macroscope scale and it is much complicated under microscope level like in [64].
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Figure 2-37 Asperity between contact surfaces [63]

But such behaviour is mostly discussed under microscope level, which is not the
concern of this research. Similarly, the pre-sliding phenomenon is also observed under
microscope level and details can be found in [65], this phenomenon is also out of the
research scope.

2.4.2 Friction model
Various friction models are proposed to simulate friction behaviours, they can be
classified as two types, one is static models and the other is dynamic models. The
major difference is that the static model does not include pre-sliding displacement
which occurs at the contact interface. Picking a proper friction model for the
corresponding design can help to improve simulation performance and system control.
Hence, this section reviews several friction models and compares their differences for
a better option for future research.
2.4.2.1 Static model
A typical static model is the classical friction model, which including stiction friction,
Coulomb friction and viscous friction. This model relates friction force with velocity and
uses a discontinuity at zero velocity to explain the direction change of Coulomb friction.
In this model, the friction can be any value between Coulomb friction limits at zero
velocity, it is depicted as in Figure 2-38:
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Figure 2-38 Classical friction model [66]

This simple classical model has problems when the velocity cross zero in simulation,
Karnopp overcame this [67] by introducing a small velocity zone that the system stays
as ‘stick’ state, during which the stiction friction force exactly cancels the external
driving force. After the driving force exceeds the ‘break free’ force value, the system
starts to accelerate. When the magnitude of velocity outside the velocity zone, the
system switches from ‘stick’ to ‘slip’. Though the model solved the zero-cross problem
and improved computation efficiency, the complexity of the model increases when
more masses are added to the system.
Tustin [68] proposed a model that predicts friction forces when the velocity closed to
zero, named as Tustin model. The exponential model is implemented in a general form
[69].
These friction models are typical static friction models, and they do not include presliding displacement compare to a dynamic model, such a phenomenon is reviewed
in the next section.

2.4.2.2 Dynamic model
One of the first dynamic models is created by [70] [71], the Dahl model is based on
experimental work of ball bearings. The pre-sliding displacement is interpreted as the
elastic deformation of surface asperities as in Figure 2-39, which named as Dahl effect.
The friction force during the pre-sliding can be depicted as a function of displacement
that in the range of 1-50µm. Though the Dahl model is simple to use, it does not include
stiction or Stribeck effect.
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Figure 2-39 Surface asperities deformation [72]

The bristle model is constructed by [72], which modelled the contacting asperities on
the surface as rigid bristles on one surface and elastic ones on the other as in Figure
2-40. The sum of the restoring forces acting on the elastic bristles is regarded as
friction force. 𝑧 stands for the average deflection of the bristles.

Figure 2-40 Bristle model [72]

As the bristle model needs to calculate numbers of bristles’ behaviour, it is
computation inefficient. The reset integrator model [72] is built by Haessig and
Friedland to reduce the computer time required by the Bristle model, meanwhile,
retaining its accuracy to describe the stick-slip phenomenon. This model utilised the
average deflection 𝑧 to state the system in stick or slip phase. Both models predict the
stick-slip friction, but Stribeck effect and friction lag phenomenon are not included.
Based on the bristle model, the LuGre model is put forward by [73], named after the
two universities, namely Lund and Grenoble. This model is simple and includes most
of the friction phenomenon, especially when the system in the low-velocity state. It
captures hysteresis-like behaviours containing friction lag, spring-like characteristics
in stiction and stick-slip behaviour during velocity reversals [74].
There existing some other friction models that improved the LuGre model, like the
Generalized Maxwell-slip model [75], Leuven integrated friction model [76] [77], etc.
Most of them focus on the pre-sliding and hysteretic phenomenon, which occurs in a
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very small displacement range whose unit is 𝜇𝑚 . However, for most hydraulic
applications, they are not able to operate in such a small displacement range. So, the
LuGre friction model is reviewed in detail in this section.
The asperities junctions that used in the LuGre model are considered as bristles that
illustrated as in Figure 2-40, the average deflection of bristles is developed with the
below equation:
𝑑𝑧
𝑧
|𝑣|
= 𝑣 − 𝜎0
𝑑𝑡
𝑔(𝑣)

(2.34)

𝑣 is the relative velocity [𝑚⁄𝑠], 𝑔(𝑣) is used to describe the Stribeck effect and the
overall friction force 𝐹𝑓 is given as:
𝐹𝑓 = 𝜎0 𝑧 + 𝜎1

𝑑𝑧
+ 𝜎2 𝑣
𝑑𝑡

(2.35)

A parameterisation expression for 𝑔(𝑣) can be written as below to describe the
Stribeck effect:
𝑛

𝑔(𝑣) = 𝐹𝑐 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −(𝑣/𝑣𝑠 )

(2.36)

The parameter 𝜎0 is the average stiffness of the bristles, 𝜎1 is a micro-viscous
coefficient which is equivalent to a damping coefficient, 𝜎2 𝑣 is the viscous friction. 𝐹𝑐
is the Coulomb friction, 𝐹𝑠 is the stiction friction and 𝑣𝑠 is the Stribeck velocity. The
value 𝑛 is an arbitrary constant that related to geometry and usually set to unity. So
that this model is characterized by these six parameters, some values can be identified
when the velocity is under steady state.
So that when the velocity is under steady state, the average bristle deflection 𝑧
becomes:
𝑧𝑠𝑠 =

where

𝑣
𝑔(𝑣) = 𝑔(𝑣)𝑠𝑔𝑛(𝑣)
|𝑣|

1
𝑖𝑓 𝑣 > 0
𝑠𝑔𝑛(𝑣) = { 0 𝑖𝑓 𝑣 = 0
−1 𝑖𝑓 𝑣 < 0

(2.37)

(2.38)

Furthermore, the steady states friction force should be:
𝐹𝑟𝑠𝑠 = 𝑔(𝑣) + 𝜎2 𝑣

(2.39)
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After rearranged the equations, the steady state friction equation is:
𝑛

𝐹𝑟𝑠𝑠 = 𝐹𝑐 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −(𝑣/𝑣𝑠 ) + 𝜎2 𝑣

(2.40)

The steady state friction force 𝐹𝑟𝑠𝑠 and the velocity 𝑣 can be measured, the stiction
friction force 𝐹𝑠 and Coulomb friction force 𝐹𝑐 can be observed and measured when
the system switches from stationary to a constant velocity, 𝑛 is an appropriate
exponent. So that the viscous coefficient 𝜎2 can be identified. As the bristle average
deflection is an imaginary parameter, the parameter 𝜎0 and 𝜎1 is not physically
measurable.

Concluding remarks
In this chapter, numbers of energy efficiency solutions for the hydraulic system are
reviewed in the first section, most of these solutions can be classified into two major
types, the energy efficient valve-controlled system with fixed supply pressure and the
pump directly controlled system. The pump directly controlled system has more energy
efficiency potential with the following advantages:
•

Energy efficient: the throttle losses in the control valve is minimised.

•

Cost friendly: a servo motor and a fixed displacement pump are usually cheaper,
and they are the power source with only two components.

•

Space saver: The design is compact as there is no need for pressure
compensators.

The pump-controlled system has its disadvantage, which is mainly about the pressure
stability performance under some certain conditions, which makes such design is more
suitable for less dynamic performance hunger devices.
A component linking method is reviewed for simulation methodology, it is able to
observe almost all the performance of each component during system operation
simulation, which is helpful for further research on the system. Another simplified
method is the pump-controlled system modelled by a state space, which is suitable for
controller design purpose.
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Various friction models are reviewed. Therefore, the LuGre model is the most suitable
one for hydraulics, and it captures almost all the overall friction phenomenon without
being overly complicated. There existing more detailed friction models, but they are
more likely to focus on the pre-sliding region, which is out of this research scope.
However, the LuGre friction model only relates the friction force to velocity and
displacement, but the friction in hydraulic is affected by various conditions, some
improvement can be achieved.
So that the concept of the pump-controlled asymmetric cylinder is chosen for energy
efficient purpose, the LuGre friction model will be added to the future simulation for
more nonlinear behaviours observations.
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Chapter 3

Component linking modelling method
3. Component linking modelling method
The original component linking method modelling is modelled in Fortran by Leaney in
1986 [4], to achieve a further nonlinearities analysis in Simulink, the component linking
modelling method needs to be validated in Simulink in the first place. After the method
is validated, a further nonlinearities research when the valve in the underlap region is
carried out in Simulink in an open loop test, an analytical solution when the control
valve in underlap region is implemented and the computing time efficiencies are
compared.

Moog valve controlled asymmetric cylinder system
A Moog four-way valve-controlled asymmetric cylinder system is constructed and
tested by Leaney [4], this test rig is presented as a position controlled asymmetric drive
in conjunction with a plain slideway load. The plain slideway contains a slideway table
that used on a Moog Hydrapoint milling machine. Pressure transducers are integrated
to measure its service line pressures, potentiometer and a velocity transducer is
applied to measure the position and velocity of cylinder respectively. Its system
scheme and pictures are displayed in Figure 3-1:
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Moog valve

(a) Schematic diagram

Slideway table

(b) Test device overview

Figure 3-1 Moog valve controlled asymmetric system [4]

Leaney [4] in his work modelled this system in Fortran, the equations he used are
reviewed in chapter 2 and they will be utilised to reproduce the model in Simulink.

3.1.1 System components
This section presents the parameters of the major components in the Moog valve
controlled asymmetric cylinder drive system, including the Moog four-way valve,
asymmetric cylinder, fluids and power source.
The four-way symmetric valve Moog series 76 model 102 [78] in Figure 3-2 was
selected for this test rig, though the valve is claimed to be zerolapped valve, the results
from blocked port tests for pressure gain and null leakage flow [4] indicates that there
is an equivalent underlap region in this valve.
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Figure 3-2 Moog series 76 model 102 valve [78]

The valve block port test indicates an equivalent underlap region of +/- 0.0045 mm
which is +/- 1.2 % of the maximum spool stroke [4]. As the valve information from its
data sheet [78], the valve parameters can be concluded in Table 3-1.
Table 3-1 Moog four-way valve parameters

Moog series 76 model 102 valve
Valve stroke
Underlap region
Spool diameter
Fraction of fully annular ports
Time constant

+/- 0.375 mm
+/- 0.0045 mm
7.938 mm
1
0.004 s

The asymmetric cylinder with port number 88533-002 is used as the only actuator of
the test device, its parameters and hydraulic oil fluid properties are listed in Table 3-2.
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Table 3-2 Asymmetric cylinder geometry & fluid properties

Asymmetric cylinder & fluid properties
Cylinder stroke

0.52 m
11.43 cm2

Piston area

5.8 cm2

Rod area

870 kg/m3

Oil density
Effective oil modulus
Supply pressure

7000 bar
70 bar

Normally, the oil modulus should be much higher than 7000 bar, the lower value may
be caused by air trapped in the oil, which will lead to a decrease in oil bulking modulus.
This section collects the parameters that will be utilised in the component linking
method simulation in Simulink, which will be carried out in the next section.

3.1.2 Component linking model in Simulink
This method is detailed reviewed in section 2.3.1, the model composes of three parts
valve model, actuator model and load model. In the valve model, the valve has three
states as in Figure 3-3, the judgment of the state is required during operation.

Retractingoutside underlap

Underlap region

Extendingoutside underlap

Valve spool travel through its stroke

Figure 3-3 Three valve states

The valve receives signal current and its spool moved to the target position, due to the
valve dynamic equation in section 2.3.1.1 and its parameters, the valve dynamic can
be indicated as:
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𝑋𝑠 (𝑠)
𝐾𝑠
0.03
=
=
𝐼(𝑠)
𝜏𝑠 𝑠 + 1 0.004𝑠 + 1

(3.1)

The saturation block in Figure 3-4 is to limit the spool displacement to its physical
maximum value.

Figure 3-4 Moog four-way valve dynamics, valve model in Simulink

With the calculated spool displacement 𝑥𝑠 , the valve opening area 𝐴𝑣1 and 𝐴𝑣2 can be
revealed with following equations:
𝐷𝜋(0.0000045 + 𝑥𝑠 ),
0,

(0.0000045 + 𝑥𝑠 ) > 0
(0.0000045 + 𝑥𝑠 ) ≤ 0

𝐷𝜋(0.0000045 − 𝑥𝑠 ),
={
0,

(0.0000045 − 𝑥𝑠 ) > 0
(0.0000045 − 𝑥𝑠 ) ≤ 0

𝐴𝑣1 = {
𝐴𝑣2

(3.2)

The valve opening area is described in the physical layout in Figure 3-5, equivalent
underlap is depicted.

Figure 3-5 Moog four-way valve physical layout [4]

Equations 3.2 above point out how the valve opening area changes when the valve in
different cylinder states, when both areas 𝐴𝑣1 and 𝐴𝑣2 are none zero, the valve is
inside the underlapped region. When the valve is operating outside the underlap,
𝐴𝑣1 = 0 & 𝐴𝑣2 > 0 or 𝐴𝑣1 > 0 & 𝐴𝑣2 = 0.
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Figure 3-6 Actuator model algorithm

For different valve states, the corresponding equations are utilised in each state as in
Figure 3-6, details can be found from equations 2.21 to 2.26 in chapter 2. Utilise
equation 3.1 to obtain the valve opening 𝑥𝑠 , 𝑥𝑠 judges the valve state and calculate
valve opening areas 𝐴𝑣1 and 𝐴𝑣2 . The value of 𝑋 factor is obtained by substituting 𝐴𝑣1
and 𝐴𝑣2 into equation 2.25. The effective load pressure 𝑃𝐿𝐸 generated by actuator
model is utilised as an input to equation 2.26 to calculate load flow 𝑄𝐿𝐸 , then obtain
compressibility flow 𝑄𝐶𝐸 with equation 2.16. Compressibility flow 𝑄𝐶𝐸 can be obtained
by equation below, which is used to calculate the effective load pressure 𝑃𝐿𝐸 by
equation 2.23.
𝑄𝐶𝐸 = 𝑄𝐿𝐸 − 𝑄𝐷𝐸 − 𝑄𝐾𝐸

(3.3)

Substitute 𝑃𝐿𝐸 and 𝑋 factor into equation 2.21 and 2.22 to obtain the chamber
pressures 𝑃1 and 𝑃2 . The above processes are depicted in the block diagram in Figure
3-10.
These processes in Simulink is presented in Figure 3-7, its function files codes can be
found in Appendix II.
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Figure 3-7 Actuator model in Simulink

The load model structure is simple, it accepts the force generated by cylinder and
considers the influence of friction, then outputs the net force to the mass. At last, use
integrator to obtain velocity and displacement from acceleration, the Dormand-Prince
method [79] is utilised for integration operation in Simulink. These processes are
achieved as in Figure 3-8.

Figure 3-8 The load model in Simulink

Next section combines all three models to create an overall model, and its simulation
results are compared with published results from [4].

3.1.3 System model in Simulink
This section collects all the simulation results from the whole model in Figure 3-9, to
compare with the published test results [39] to validate the component linking method
in Simulink.
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Figure 3-9 Component linking method in Simulink

The overall model block diagram is depicted in Figure 3-10.

Figure 3-10 Block diagram of the numerical solving method for valve controlled asymmetric cylinder drive system

This method is used to model an open loop test of a four-way valve controlled an
asymmetric cylinder drive system, square wave input signal controls the valve opening
area and the cylinder will follow to change its state between the extending and
retracting. However, as the symmetric ported valve controls the asymmetric cylinder,
if the input square wave is symmetric, the asymmetric cylinder will gradually retract to
its end due to it retracts faster than extending. So that, a bias is added to the signal to
create a balanced cylinder movement as in Figure 3-4. The Simulink modelling results
are listed in Figure 3-11, and then compared with published test results [4].
The modelling results from Simulink shows consistency with the modelling results from
Fortran and experimental results [4]. It indicates that the component linking method is
validated in Simulink and can be utilised for further nonlinearities research of the
asymmetric cylinder drive system.
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[4]

[4]

Load pressure N/m2

Figure 3-11 90mm/s cylinder velocity simulation results vs experimental results

[4]

[4]

Figure 3-12 90mm/s load pressure simulation results vs experimental results

55

Modelling results in Simulink and nonlinearities
research
The last section validates the component linking method in Simulink, provides
a tool to move forward the research done by Leaney [4], he applied generalised
equations into the component linking method to simplify the calculation process.
An 𝑋 factor is introduced in paper [39] to identify the cylinder movement state,
and unify the equations when cylinder in different states. But the 𝑋 factor
equation 2.25 is implicit when the valve in the underlap region. The rest of this
section is the analysis of the Moog valve controlled asymmetric cylinder drive
system performance when the valve in the underlap region and the
achievement of improving the 𝑋 factor equation.

3.2.1 System performance when valve in underlap
Leaney [4] stated that the cylinder chamber pressures 𝑃1 and 𝑃2 must be
numerically solved when the valve in the underlap region, due to the derived
implicit equation 2.25. The chamber pressures are the power source to drive
the cylinder, so that the system behaviours are decided by chamber pressures.
How the pressures perform when the valve is outside the underlap region is
explicit. The chamber pressures behaviours in underlap region are solved
numerically as shown in Figure 3-13.
If there is a perfect zerolapped symmetric ported valve controls asymmetric
cylinder, the underlap region will not exist, so that the chamber pressures 𝑃1
and 𝑃2 will quickly jump to a new value after the valve changes its pathway. But
a perfect zerolapped valve is not possible to be manufactured, some equivalent
underlap region will always exist [80], in which the pressure jump process is
revealed in Figure 3-13.
An input signal is set to drive the valve moving across the underlap region in a
small-time interval with a constant speed. The supply pressure is 70 bar and all
the modelling parameters are the same as those in Moog valve controlled
asymmetric cylinder system in the last section.
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For the valve displacement from 0.0045 mm to -0.0045 mm in underlap region,
the chamber pressures behaviour is shown as in Figure 3-13:

Pressure jump

Pressure jump

Underlap region

Figure 3-13 Chamber pressures when the valve in underlap state from right to left boundary

The chamber pressures jump when valve swipe through underlap in a short
time is inevitable for a symmetric ported valve controlled asymmetric cylinder
drive system. If the valve spool movement is symmetric, the flow rates into both
chambers are equal. But for the asymmetric cylinder, its piston areas of both
sides are non-equal, leading to a asymmetric motion of the cylinder. Due to the
flow balance equations 2.16 and force balance equations 2.27, the pressure
jump must occur when the valve switches its state. A detailed further
investigation of the pressures behaviours in the underlap is carried out in the
next section.

3.2.2 An analytical solution when valve in underlap
In the last section, the chamber pressures of the asymmetric cylinder when the
valve in the underlap region is modelled and they are numerically solved. The
key part is the 𝑋 factor equation 3.4 from [4]. The solving command in Matlab
is fsolve and it uses the rust-region algorithm [81] to find the root of factor 𝑋
with given valve opening areas 𝐴𝑣1 , 𝐴𝑣2 and area ratio 𝛾.
1

1

𝐴𝑣1 (1 + γ3 − 𝑋)2 − 𝐴𝑣2 (𝑋)2

1

1

= γ [𝐴𝑣1 (𝑋γ)2 − 𝐴𝑣2 (1 + γ3 − 𝑋γ)2 ]

(3.4)
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The value of 𝑋 is a constant when the valve is outside the underlap, equation
3.4 is only used to be numerically solved its value in underlap region. Then,
substitute the solved 𝑋 value into equations 2.21 and 2.22 to obtain the
chamber pressures 𝑃1 and 𝑃2 .
Numerically solving equation 3.4 takes a lot of computing time, if the 𝑋 value
can be analytical solved, simulation time cost can be massively reduced. A trial
is given in the rest of this section.
Square both sides of equation 3.4 leads to:
1
𝐴𝑉1 2
𝐴𝑉2 2 𝑋 2𝐴𝑉1 𝐴𝑉2
3
3
2 )2
(1
(𝑋
+
𝛾
−
𝑋)
+
−
+
𝛾
𝑋
−
𝑋
𝛾2
𝛾2
𝛾2
2
2
= 𝐴𝑉1 𝑋𝛾 + 𝐴𝑉2 (1 + 𝛾 3 − 𝑋𝛾)

(3.5)

1

− 2𝐴𝑉1 𝐴𝑉2 (𝑋𝛾 + 𝑋𝛾 4 − 𝑋 2 𝛾 2 )2
Rearrange it:
[

𝐴𝑉1
𝐴𝑉2 2
(1 + 𝛾 3 ) −
(𝛾 + 𝛾 5 )]
2𝐴𝑉2
2𝐴𝑉1
𝐴𝑉1
𝐴𝑉2
(1 + 𝛾 3 ) −
(1 + 𝛾 3 )] 𝑋
−[
2𝐴𝑉2
2𝐴𝑉1
1

(3.6)
1

= [(1 + 𝛾 3 )𝑋 − 𝑋 2 ]2 − 𝛾 2 [(𝛾 + 𝛾 4 )𝑋 − 𝛾 2 𝑋 2 ]2
Let 𝑚 be given as:
𝐴𝑉1
𝐴𝑉2 2
𝐴𝑉1
𝐴𝑉2 𝛾 2
3
5
3
(1 + 𝛾 ) −
(𝛾 + 𝛾 ) = (1 + 𝛾 ) (
𝑚=
−
)
2𝐴𝑉2
2𝐴𝑉1
2𝐴𝑉2 2𝐴𝑉1

(3.7)

Let 𝑛 be given as:
𝑛=

𝐴𝑉1
𝐴𝑉2
𝐴𝑉1
𝐴𝑉2
(1 + 𝛾 3 ) −
(1 + 𝛾 3 ) = (1 + 𝛾 3 ) (
−
)
2𝐴𝑉2
2𝐴𝑉1
2𝐴𝑉2 2𝐴𝑉1

(3.8)

Substitute 𝑚 and 𝑛 into equation 3.6 reveals:
1

1

𝑚 − 𝑛𝑋 = [(1 + 𝛾 3 )𝑋 − 𝑋 2 ]2 − 𝛾 2 [(𝛾 + 𝛾 4 )𝑋 − 𝛾 2 𝑋 2 ]2

(3.9)

Square both sides of equation 3.9 leads to:
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𝑚2 + 𝑛2 𝑋 2 − 2𝑚𝑛𝑋
= (1 + 𝛾 3 )𝑋 − 𝑋 2 + 𝛾 5 (1 + 𝛾 3 )𝑋 − 𝛾 6 𝑋 2
− 2𝛾 2 [𝛾(1 + 𝛾 3 )2 𝑋 2 − 𝛾(1 + 𝛾 3 )𝑋 3 − 𝛾 2 (1 + 𝛾 3 )𝑋 3
+

(3.10)

1
𝛾 2 𝑋 4 ]2

Rearrange the equation 3.10 reveals:
(𝑛2 + 1 + 𝛾 6 )𝑋 2 − [2𝑚𝑛 + (1 + 𝛾 5 )(1 + 𝛾 3 )]𝑋 + 𝑚2
= 2𝛾 2 [𝛾(1 + 𝛾 3 )2 𝑋 2 − 𝛾(1 + 𝛾 3 )𝑋 3 − 𝛾 2 (1 + 𝛾 3 )𝑋 3
2

+𝛾 𝑋

1
4 ]2

(3.11)

Let
𝑝 = 𝑛2 + 1 + 𝛾 6
𝑞 = 2𝑚𝑛 + (1 + 𝛾 5 )(1 + 𝛾 3 )

(3.12)

ℎ = 𝑚2
Equation 3.11 becomes:
𝑝𝑋 2 − 𝑞𝑋 + ℎ = 2𝛾 2 [𝛾(1 + 𝛾 3 )2 𝑋 2 − 𝛾(1 + 𝛾 3 )𝑋 3
1

− 𝛾 2 (1 + 𝛾 3 )𝑋 3 + 𝛾 2 𝑋 4 ]2

(3.13)

Square both side of the equation 3.13, reveals:
𝑝2 𝑋 4 + 𝑞 2 𝑋 2 + ℎ2 − 𝑝𝑞𝑋 3 + 𝑝ℎ𝑋 2 − 𝑝𝑞𝑋 3 − 𝑞ℎ𝑋 + 𝑝ℎ𝑋 2 − 𝑞ℎ𝑋
= 4𝛾 6 𝑋 4 − 4𝛾 5 (1 + 𝛾)(1 + 𝛾 3 )𝑋 3
+ 4𝛾 5 (1 + 𝛾 3 )2 𝑋 2

(3.14)

Rearrange above equation reveals:
(𝑝2 − 4𝛾 6 )𝑋 4 + [4𝛾 5 (1 + 𝛾)(1 + 𝛾 3 ) − 2𝑝𝑞]𝑋 3
+ [(2𝑝ℎ + 𝑞 2 ) − 4𝛾 5 (1 + 𝛾 3 )2 ]𝑋 2 − 2𝑞ℎ𝑋 + ℎ2 = 0

(3.15)

Let
𝑎4 = 𝑝2 − 4𝛾 6
𝑎3 = 4𝛾 5 (1 + 𝛾)(1 + 𝛾 3 ) − 2𝑝𝑞
𝑎2 = (2𝑝ℎ + 𝑞 2 ) − 4𝛾 5 (1 + 𝛾 3 )2

(3.16)

𝑎1 = −2𝑞ℎ
𝑎0 = ℎ 2
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Thus equation 3.15 becomes:
𝑎4 𝑋 4 + 𝑎3 𝑋 3 + 𝑎2 𝑋 2 + 𝑎1 𝑋 + 𝑎0 = 0

(3.17)

Let
𝑎=

𝑎3
,
𝑎4

𝑏=

𝑎1
𝑐= ,
𝑎4

𝑎2
𝑎4

(3.18)

𝑎0
𝑑=
𝑎4

As a result, equation 3.17 becomes:
𝑋 4 + 𝑎𝑋 3 + 𝑏𝑋 2 + 𝑐𝑋 + 𝑑 = 0

(3.19)

The value of 𝑋 factor is a problem of find the root of a quartic equation 3.19. A
general form of roots can be depicted as below equations 3.20:
1

1

1

1

1
𝑉)2

1
𝑊)2

𝑎 (𝑈 + 𝑉)2 (2𝑈 − 𝑉 − 𝑊)2
𝑋1 = − +
−
4
2
2

𝑎 (𝑈 + 𝑉)2 (2𝑈 − 𝑉 + 𝑊)2
𝑋2 = − −
−
4
2
2
𝑎 (𝑈 +
𝑋3 = − +
4
2

1

+

(2𝑈 − 𝑉 −
2

(3.20)

1

𝑎 (𝑈 + 𝑉)2 (2𝑈 − 𝑉 + 𝑊)2
𝑋
=
−
−
+
4
{
4
2
2

where
𝑎2 2𝑏
−
4
3
𝐿 𝑍0
𝑉= +
3 3𝐿
3
(𝑎 − 4𝑎𝑏 + 8𝑐)

𝑈=

𝑊=

(3.21)

1

4(𝑈 + 𝑉)2

where
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𝑍0 = 𝑏 2 − 3𝑎𝑐 + 12𝑑
𝑍1 = 2𝑏 3 − 9𝑎𝑏𝑐 + 27𝑎2 𝑑 + 27𝑐 2 − 72𝑏𝑑
2

𝐿=[

𝑍1 + (𝑍1 − 4𝑍0
2

(3.22)

1
1 3
3 2
)

]

Actually, there is only one value of 𝑋 factor with a set of parameters. However,
there are four roots from a quartic equation and the value of 𝑋 is one of them.
Its codes can be found in Appendix II.
To identify the correct root, the method is depicted as following steps:
1) Numerically solving the 𝑋 factor in underlap region.
2) Identify one of the roots in a certain valve displacement in underlap
region corresponding to the same value from numerically solving.
3) Repeat step 1 and 2 with different area ratio 𝛾.
4) Repeat step 1, 2 and 3 with different underlap region.
5) Estimate the final analytical solution of factor 𝑋.
Start with the parameter from Moog valve controlled asymmetric cylinder drive
system, for the area ratio 𝛾 = 11.43/5.8=1.9707 and underlap region is from
0.0045mm to -0.0045mm, root identification is listed in Table 3-3.
Table 3-3 Identify root from numerically solving results when area ratio is 1.9707

Valve Disp 𝒙𝒔 (mm)

𝑿 Factor

Root

-0.0045

3.883617722

𝑋4

-0.004404

3.867534491

𝑋4

-0.004296

3.848941124

𝑋4

-0.004101

3.814000308

𝑋4

⋮
⋮
-0.0009

2.963117621

𝑋4

-0.000753

2.911892307

𝑋4

-0.000735

2.905559937

𝑋1
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0

2.637188916

𝑋1

0.0012

2.172727301

𝑋1

0.00255

1.65272018

𝑋1

⋮
⋮
0.004101

1.119970977

𝑋1

0.0042

1.0894822

𝑋1

0.004302

1.058563937

𝑋1

0.00441

1.026380398

𝑋1

0.0045

1

𝑋1

A new phenomenon can be noticed, the 𝑋 factor values in the underlap region
contains two roots of equation 3.20 𝑋1 and 𝑋4 . When valve displacement is
from -0.0045mm to -0.00075mm, the value of 𝑋 factor is the root 𝑋4 , when valve
displacement is from -0.00074mm to 0.0045mm, the value of 𝑋 factor is the root
𝑋1.
All the four roots values in underlap region are described as in Figure 3-14 (a),
different line styles are corresponding to different roots. The values of the roots
in the underlap are compared with the numerically solved 𝑋 values as in Figure
3-14 (b). It can be noticed that a part of 𝑋4 and a part of 𝑋1 are merged into the
numerically solved curve, they meet at some specific point.

Intersection point

(a)

(b)

Figure 3-14 Four X roots in underlap region (a) and Numerically solved X factor (b)
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Another interesting phenomenon can be found that some parts of the root curve
can be combined with parts of other root curves to generate a smoothed curve.
The point where 𝑋4 and 𝑋1 curves meet may change with some parameters. All
these will be discussed in the next section.

3.2.3 X factor roots distribution
This section discusses the phenomenon discovered in the last section, the first
one is a part of 𝑋4 curve combines with a part of 𝑋1 curve to generate the same
curve that calculated numerically, the second one is which parameter will affect
the point where 𝑋4 and 𝑋1 meet.
The numerically solved 𝑋 factor curve is composed of a part of 𝑋1 and a part of
𝑋4 curves, so only both roots 𝑋1 and 𝑋4 are in the consideration. Based on the
observation of equation 3.20, all the roots are similar but with different signs.
1

Investigate each of their term may leads to an answer, the parts are (𝑈 + 𝑉)2 ,
1

1

1

−(𝑈 + 𝑉)2 , −(2𝑈 − 𝑉 − 𝑊)2 and (2𝑈 − 𝑉 + 𝑊)2 and their curves are depicted
in Figure 3-15.
However, there is no explicit relationship between there curves in Figure 3-15,
but their turning point is same as the intersection point in Figure 3-14, where all
the curves suddenly change their curves to another direction.

Intersection point

Figure 3-15 Roots parts curves of X4 and X1
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The intersection point is a specific spool stroke where 𝑋4 and 𝑋1 are equal, to
calculate its value, makes equation 3.20 𝑋4 = 𝑋1 reveals:
1

1

𝑎 (𝑈 + 𝑉)2 (2𝑈 − 𝑉 + 𝑊)2
− −
+
4
2
2
1
1
𝑎 (𝑈 + 𝑉)2 (2𝑈 − 𝑉 − 𝑊)2
=− +
−
4
2
2

(3.23)

Rearrange it:
1

(𝑈 +

1
𝑉)2

1

(2𝑈 − 𝑉 + 𝑊)2 (2𝑈 − 𝑉 − 𝑊)2
=
+
2
2

(3.24)

Square both sides of the above equation reveals:
1

[(2𝑈 − 𝑉 + 𝑊)(2𝑈 − 𝑉 − 𝑊)]2
1
𝑈+𝑉 =𝑈− 𝑉+
2
2

(3.25)

Rearrange it:
1

3𝑉 = [(2𝑈 − 𝑉)2 − 𝑊 2 ]2

(3.26)

Square both sides reveals:
9𝑉 2 = (2𝑈 − 𝑉)2 − 𝑊 2

(3.27)

At this point, there is no necessary to continue this trial to find an analytical
solution for the specific spool stroke 𝑥𝑠 (intersection point), if the equation 3.27
is switched to the form of 𝑥𝑠 , it must be a higher order of a quintic equation. But
a quintic or higher order equation has no general analytical solution roots, which
means the specific intersection point in Figure 3-14 must be obtained
numerically.
After proved there is no general analytical solution to calculate the intersection
point, it is necessary to find which parameter will affect the value of the
intersection point. Change the form of valve opening area 𝐴𝑉1 and 𝐴𝑉2 in
equation 3.4 into below equation.
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1

𝜋𝐷(𝑥𝑠 + 0.0000045)(1 + γ3 − 𝑋)2 − 𝜋𝐷(𝑥𝑠
1

− 0.0000045)(𝑋)2
1

= γ [𝜋𝐷(𝑥𝑠 + 0.0000045)(𝑋γ)2 − 𝜋𝐷(𝑥𝑠

(3.28)

1

− 0.0000045)(1 + γ3 − 𝑋γ)2 ]
where 𝐴𝑣1 = 𝜋𝐷(𝑥𝑠 + 0.0000045), 𝐴𝑣2 = 𝜋𝐷(𝑥𝑠 − 0.0000045) [𝑚2 ]
Cancel the 𝜋𝐷 from the above equation, and divide both sides by 0.0000045
reveals
(1 +

1
1
𝑥𝑠
𝑥𝑠
) (1 + γ3 − 𝑋)2 − (1 −
) (𝑋)2
0.0000045
0.0000045
1
𝑥𝑠
= γ [(1 +
) (𝑋γ)2
0.0000045
1
𝑥𝑠
− (1 −
) (1 + γ3 − 𝑋γ)2 ]
0.0000045

(3.29)

𝑥

𝑠
The 0.0000045
in equation 3.29 can be regard as normalized spool travel from -1

to +1 in underlap. It can be observed that for a certain area ratio 𝛾, the factor 𝑋
is only affected by the travel percentage.
An assumption can be raised that the intersection point in Figure 3-14 (a) is
affected by the area ratio, different area ratios 𝛾 are applied into equation 3.29
to verify it.
Runs the simulation with different area ratios 𝛾 in underlap region, for an area
ratio 𝛾 = 1.5, the root 𝑋4 and 𝑋1 distribution is obtained as in Figure 3-16.

Figure 3-16 Root distribution of X4 and X1 when γ =1.5
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For an area ratio 𝛾 = 1.9707, root 𝑋4 and 𝑋1 distribution is obtained as in Figure
3-17.

Figure 3-17 Root distribution of X4 and X1 when γ =1.9707

For the area ratio 𝛾 = 2.5, root 𝑋4 and 𝑋1 distribution is obtained as in Figure
3-18.

Figure 3-18 Root distribution of X4 and X1 when γ =2.5

For the area ratio 𝛾 = 3, root 𝑋4 and 𝑋1 distribution is obtained as in Figure 3-19.
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Figure 3-19 Root distribution of X4 and X1 when γ =3

For the area ratio 𝛾 = 4, root 𝑋4 and 𝑋1 distribution is obtained as in Figure 3-20.

Figure 3-20 Root distribution of X4 and X1 when γ =4

A trend can be observed is that the higher the area ratio 𝛾 the less percentage
of root 𝑋4 in the curve. As the equation 3.27 is not possible to be solved
analytically, there is no explicit solution to find the relationship of 𝑋4 root
distribution percentage with area ratio 𝛾. A trial is given with curve fitting method,
the roots percentage distribution is listed in Table 3-4.

67

Table 3-4 Root distribution of X4 and X1 with different area ratios

Area ratio 𝛄

Percentage of 𝒙𝟒

Percentage of 𝒙𝟏

1.5

46%

54%

1.9707

41.67%

58.33%

2.5

39%

61%

3

37%

63%

4

33.3%

66.7%

Input these data in the Matlab CFTOOL reveals the relationship for 𝑋1
percentage with different area ratio 𝛾 as equation 3.30
𝑋1 𝑃𝑒𝑟𝑐𝑒𝑛𝑡𝑎𝑔𝑒
= 0.00999𝛾 3 − 0.09352𝛾 2 + 0.3228𝛾 + 0.2328

(3.30)

The percentage of root 𝑋4 is simply obtained by 1 − 𝑋1 𝑃𝑒𝑟𝑐𝑒𝑛𝑡𝑎𝑔𝑒, so that the
𝑋 factor roots distribution when the valve in the underlap region is obtained.

Computing efficiency of analytical solution
The analytical solution for 𝑋 factor in the component linking method is able to
save computing time during the simulation. The 𝑥𝑠 valve stroke keeps changing
during operation, which indicates the computer must solving the equation 3.4
with different values of 𝑥𝑠 . If the step size of the simulation is small, for instance
1 × 10−4 𝑠, the computer will need to solve thousands of implicit equation in one
second, this process will consume a lot of computing power. This analytical
solution in the last section improves this situation.

3.3.1 Square wave test
Simulation tests are carried out to compare the time consumes between the
implicit solving and analytical solving method, they are used to simulate a
square wave velocity generated by the Moog valve controlled asymmetric
cylinder drive system as in Figure 3-21.

68

Velocity m/s

(a)

Analytical solve

Time s
(b) Numerical solve

Time s

Figure 3-21 (a) Analytical solve and (b) numerical solve results of square wave velocity motion

There is no observable difference between the two results, which indicates both
solutions have the same performance. The numerical solve solution uses 5.49
seconds, while the analytical solution uses 1.07 seconds, the numerical solution
consumes nearly five times time to finish the simulation. However, the valve in
square wave test in Figure 3-21 is operating outside the underlap region most
of the time, the advantage of the analytical solution is not highlighted here.

3.3.2 Sine wave test in underlap region
Now assuming the underlap region of the Moog four-way is 20%, a sine wave
motion command is sent to the four-way valve so that it only operates in the
underlap region. Its pressure behaviours of numerical and analytical simulation
results are depicted in Figure 3-22.

(a)

Analytical solve

(b) Numerical solve

Figure 3-22 Numerical solving results and analytical solving results of chamber pressures when valve
travel within underlap region
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The modelling time costs of calculating chamber pressures when valve travel
in underlap region is compared in Figure 3-22, the numerical solved simulation
used 1647.17 seconds to finish, while the analytical solution only uses 8.50
seconds which is a significant reduction by a factor of 200.
It can be noticed that when using the numerical solving method, the time cost
of the sine wave simulation is much more than the square wave simulation. The
difference in the square wave simulation is because there is only a very small
portion of spool operation in the underlap region, where numerical method is
required.

3.3.3 Sawtooth command test
The sawtooth command test is to compare the time cost between the numerical
solution and the analytical solution when the valve spool sweeps across its
underlap region. The square wave test in section 3.3.1 has almost no underlap
region problem involved, while the sine wave test in section 3.3.2 simulates the
system operation in the underlap region only. As 2.31% of the valve spool
travelling in the underlap region in the sawtooth test, the time consumption of
the sawtooth test should be placed in the middle between the sine wave test
and square wave test. The simulation results of the sawtooth command are

Velocity m/s

depicted in Figure 3-23.

(a)

Analytical solve

Time s

(b) Numerical solve

Time s

Figure 3-23 (a) Analytical solve and (b) numerical solve of sawtooth velocity simulation results

The analytical solution in the sawtooth test produces the same results as the
numerical solution, but the analytical solution costs 1.23 seconds to finish and
the numerical method costs 8.26 seconds to finish.
Nonlinear behaviours can be observed in the results in Figure 3-23, which
include the gradient change of the velocity curve after the system switches its
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state and some observed oscillations when the valve in the underlap region
around null position.

3.3.4 The fundamental modelling approach for valve-controlled
system
The analytical solution for the 𝑋 factor method proved it is much better in
computational efficiency than the numerical method. Both methods are based
on the generalisation concepts proposed by Leaney [39]. If the chamber
pressures 𝑃1 and 𝑃2 are calculated separately, within their respective chamber
volumes 𝑉1 and 𝑉2 with the basic flow and pressure equations 2.8 and 2.9,
there would be no requirement to consider a numerical solution to the problem.
This fundamental approach is depicted in the block diagram shown in Figure
3-24.
𝑄𝐷1

𝐴𝑣1

Signal

Service line flow
Q1 in piston side
chamber

𝑄1

+

-

𝑄𝐶1

𝐵
𝑠𝑉1

𝑃1

A1

External &
friction force

Valve model

𝐴𝑣2

Service line flow
Q2 in rod side
chamber

𝑄2

𝑄𝐶2

+

𝑄𝐷2

𝑣

A1

𝐵
𝑠𝑉2

-

+
-

𝑎

1
𝑚

1
𝑠

A2

𝑃2

A2

Cylinder volume

𝑣

𝐷𝑖𝑠𝑝𝑙𝑎𝑐𝑒𝑚𝑒𝑛𝑡

Figure 3-24 Diagram of fundamental approach of modelling valve controlled asymmetric cylinder system

This fundamental approach model generates the same simulation results as
that of the numerical solving method. The simulation results are depicted in
Figure 3-25 and Figure 3-26. These results are almost identical to each other,
indicating the numerical solving solution will produce the same results as that
of the fundamental approach. Furthermore, the generalised concept is
validated.
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1
𝑠

Velocity m/s

(a) Fundamental approach

(b) Numerical solving method

Time s

Load force N

Figure 3-25 Velocity simulation results of (a) fundamental approach & (b) numerical solving method

(a) Fundamental approach

(b) Numerical solving method

Time s

Figure 3-26 Load force simulation results of (a) fundamental approach & (b) numerical solving method

So that the time cost of the fundamental approach is on par with the analytical
solution. The time cost is 1.12 seconds in the square wave test, 8.35 seconds
in the underlap region test and 1.52 seconds in the sawtooth test. The time
costs of these tests are listed in Table 3-5.
Table 3-5 Simulation time cost of numerical, analytical and fundamental methods

Square wave simulation
Numerical solved time
cost

Analytical time cost

Fundamental
approach time cost

5.49 seconds

1.07 seconds

1.12 seconds

Underlap region simulation
Numerical solved time
Fundamental
Analytical time cost
cost
approach time cost
1647.17 seconds

8.50 seconds

8.35 seconds

Sawtooth command simulation
Numerical solved time
Fundamental
Analytical time cost
cost
approach time cost
8.26 seconds

1.23 seconds

1.52 seconds
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Though the fundamental method has the almost same performance in
computing time cost as the analytical solution, the 𝑋 factor analytical solution
still have its advantages:
•

Reduced time cost of generalised concepts method (numerical solution)
to the same level as that of basic method.

•

When the valve is in the underlap region, the steady state chamber
pressures 𝑃1 and 𝑃2 can be directly calculated with some known
parameters. The process is demonstrated as follows:
With a known spool travel distance 𝑥𝑠 , the value of 𝑋 factor can be
obtained with the analytical solution. When the system is in steady state,
the force balance equation 2.27 becomes:
𝑃1 𝐴1 − 𝑃2 𝐴2 = 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 + 𝐹𝑒𝑥𝑡𝑒𝑟𝑛𝑎𝑙
Substituting equations 2.21 and 2.22 into the above equation reveals:
1
𝑋𝑃𝑠 + γ2 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

𝐴1 −

1
Xγ𝑃𝑠 − 2 (1 + γ)𝑃𝐿𝐸
1 + γ3

𝐴2 = 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 + 𝐹𝑒𝑥𝑡𝑒𝑟𝑛𝑎𝑙

The friction and external force can be estimated, measured or observed.
Therefore, as the supply pressure 𝑃𝑠 and area ratio 𝛾 are constant and
the 𝑋 factor value is known, the effective load pressure 𝑃𝐿𝐸 can be
directly calculated. The calculated load pressure 𝑃𝐿𝐸 can also be used in
equations 2.21 and 2.22 to calculate the chamber pressures 𝑃1 and 𝑃2 .

Concluding remarks
The component linking method in chapter 2 is validated in Matlab Simulink, its
simulation results show consistency with the published results. So that it can
be utilised to achieve further research when the valve of the asymmetric
cylinder drive system in the underlap region.
How the chamber pressures behave when the valve in underlap is revealed by
Simulink modelling, the inevitable pressure jump process when valve switches
its state is numerically solved with 𝑋 factor method.
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To reduce the computing power required, an analytical solution for the 𝑋 factor
is developed. Equation 3.30 proved the 𝑋 factor value is only related to the
percentage of valve spool traveling in the underlap region and offered a solution
to identify the root distribution percentage in underlap region. This analytical
solution is approximately 200 times computationally efficient than the numerical
solution method. Though the analytical solution time cost is almost the same as
the fundamental approach’s time cost, the analytical solution with 𝑋 factor still
has its irreplaceable advantage in the calculation of the steady state chamber
pressures.
This chapter validated and improved the component linking method, it will be
utilised in a different asymmetric cylinder drive system in chapter 6.
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Chapter 4
4.

Hybrid pump controlled asymmetric
cylinder system

Hybrid pump-controlled asymmetric
cylinder system

As reviewed in chapter 2, the valve-controlled asymmetric cylinder drive system
has good controllability, but its energy efficiency is an inevitable issue due to its
throttle losses and the requirement of a constant supply pressure. The pumpcontrolled asymmetric cylinder drive system has much better performance in
energy conservation aspect, but its stability during operation is a concern under
some certain conditions. To combine the advantages of both types of
asymmetric cylinder drive system, an open loop hybrid pump-controlled
asymmetric cylinder system is put forward and implement as in Figure 4-1.
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Asymmetric cylinder
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Data acquisition
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Power supply
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Valves and sensors

Motor
Tank

Pump
Figure 4-1 Hybrid pump controlled asymmetric cylinder drive system
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Concept design

The pump-controlled asymmetric cylinder system consumes only 11% of the
energy required by a valve-controlled system to perform the same task [82].
Load-sensing circuit improves the energy efficiency of a hydraulic excavating
machine, but the throttling losses are still occupying at least 35% of the power
input [83]. Similar situations can be found in energy efficient solutions for the
valve-controlled hydraulic system.
A pump-controlled hydraulic cylinder drive system can significantly reduce the
power consumption compared to a valve-controlled hydraulic system. For a
symmetric cylinder system, the pump-controlled system shows acceptable
controllability due to the balanced flow delivered into cylinder chambers [25].
But when the actuator is an asymmetric cylinder, velocity oscillations are
observed under some certain condition [32]. However, a purely pumpcontrolled hydraulic system has a low stiffness when holding the load. When
the cylinder is commanded to maintain a position and the pump is stationary,
loop stiffness is required when the load changes in the commanded position
[84].
In at least 80% of the electro-hydraulic applications, the asymmetric cylinders
are used [2]. Without loss of generalisation and to find a middle place between
a valve-controlled and a pump-controlled hydraulic system, this section
implements a hybrid pump-controlled asymmetric cylinder drive system circuit,
which contains advantages and disadvantages of a valve-controlled and a
pump-controlled hydraulic system.
The proposed circuit in Figure 4-2 is based on the pump-controlled concept, but
flow regulation is required to avoid possible instabilities during operation. As the
requirement of the system control, the pump must be a servo-type pump (the
only controllable unit in the system). Therefore, a bidirectional gear pump
coupling with a servomotor is utilised to control the system flow rate.
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To avoid possible unstable problems, an open circuit design including a
directional four-way valve is chosen, and a needle valve for flow regulation is
required in the return line. Due to the structure of the asymmetric cylinder drive,
the flow will be unbalanced if there is no flow compensation mechanism
involved. Therefore, two check valves that connected to the oil tank are
introduced into the system to avoid cavitation.
To minimise the throttle losses, the four-way valve should be oversized. Due to
the system requirements of low cost and simplicity, a pilot shifted four-way valve
is chosen to control the cylinder direction of motion. Relief valve 1 and 2 are
placed in the service line to provide the required pilot pressure to drive the fourway valve, their pressure settings are set to the minimum values required to
shift the four-way valve. The needle valve is manually adjusted to regulate the
flow. The relief valve 3 is used as a safety valve with 200 bar pressure setting.
The filter is to remove the particles in the oil on a continuous basis.

P2, V2

M

Relief
valve 2

P1, V1

Four-way
valve
2

Relief
valve 1
4

6

1
3

5
Needle
valve

Relief
valve 3

M

Figure 4-2 Hybrid pump controlled asymmetric cylinder drive

When the pump runs clockwise, the system drives the asymmetric cylinder
extending as in Figure 4-3 (a), runs counter clockwise to drive the asymmetric
cylinder retracting as in Figure 4-3(b).
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(a)

Extending

(b) Retracting

Figure 4-3 Proposed hybrid pump controlled asymmetric cylinder drive system in (a) extending and (b)
retracting state

The blue arrow in Figure 4-3 indicates the fluid flow direction. This design
combines the valve-controlled and pump-controlled asymmetric cylinder drive
system, the pump first charges the pipeline to pilot shift the four-way valve to
create a pathway to the tank. The four-way valve is over-sizing for the system,
which is to reduce the throttle losses as much as possible, the pre-set relief
valves next to it is set to a value that is able to fully shift the four-way valve. The
needle valve in the return line is to add stiffness to the system by regulating the
flow rate. The valve opening of the needle valve is set to a proper value to
achieve a balance between throttle losses and stability. Its operating processes
are illustrated in Figure 4-4.

Figure 4-4 Operation flow chart for pump controlled asymmetric cylinder drive system

The choice of a pilot shifted four-way valve is based on the target of this
research. A conventional four-way valve in hydraulic applications plays both
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roles of directional control and flow control, but the pilot shifted four-way valve
in Figure 4-2 is oversizing and only used for directional control. As the pump
must charge the pilot pressure, the pilot shifted valve does not fast response as
a servo valve. In theory, this design circuit is suitable for less dynamically
demanding hydraulic applications. How this system performs will be modelled
and tested in later chapters. Its components and parameters are investigated
in the next section.

System components and parameters
The hybrid pump-controlled asymmetric cylinder drive system circuit has its
potential advantages and disadvantages. To simulate and analyse this device
design, its components must be modelled and their parameters should be
obtained in the first place. To ensure the component linking modelling method
can be utilised for simulation, system components’ parameters are collected
and measured in this section.

4.2.1 Servomotor
A DC servomotor is the power source of the system, the model number of this
SEM motor is MT30R4-25. The motor accepts voltage from the power amplifier
to run at a certain speed, the internal tachometer sends the motor speed
information back as the form of voltage. Its major parameters are listed in Table
4-1.
Table 4-1 The specifications of MT30R4-25 servomotor [85]

SEM DC Servomotor MT30R4-25
Parameter

Value

Unit

Voltage gradient

25

Volts/1000RPM

Max terminal Voltage

100

Volts

Max speed

4000

RPM

Cont. stall torque

3.2

Nm

Cont. stall current

13.3

Amps

Peak torque

18

Nm

80

Peak current

86

Amps

Torque constant

0.24

Nm/Amp

Voltage constant

0.24

Volts sec/rad

Armature resistance

0.4

Ohms

Armature Inductance

2.2

Millihenrys

Mechanical time constant

14

Milliseconds

Motor weight

8.3

Kg

This servo motor is coupling with a bidirectional gear pump to deliver fluid into
the system.

4.2.2 Pump
The pump applied in the system is a bi-directional gear pump from HPI, it is
coupling with the servo motor and one extra port is connected to the oil tank.
The pump does not only deliver fluid to the system, but is also able to
compensate the unbalanced flow rate and prevent cavitation. Its specifications
are listed in Table 4-2.
Table 4-2 The specifications of the HPI pump [86]

HPI gear pump M3AAN1002L20C01
Parameter

Value

Unit

Capacity

2.05

cc/rev

Peak pressure

300

bar

Max working pressure

255

bar

Max speed

8000

RPM

Nominal flow at 1500 RPM

3.07

l/min

Nominal flow at max speed

16.4

l/min

Rotation direction

Bi-direction

/
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The key parameter of the pump is the flow rate, but due to the circuit design
and manufacture tolerance, the actual nominal flow rate may have some bias
compared to its datasheet.

4.2.3 Power supply and motor drive
The matched motor drive is Microspeed 110 series from AXOR, which is the
controller of the motor. The power supply accepts 240 VAC from the power
socket and transfers to 100 VAC to power the Microspeed controller, then the
motor drive outputs demanding VDC to the motor to control its speed [87].
Feedback control is utilised in this drive, after a gain is set (based on the
tachometer constant of the servo motor), the drive ensures the motor speed is
consistency with the reference signal.

4.2.4 valves
There are three types of valve in this hybrid pump-controlled asymmetric
cylinder drive system, including a model DDDC four-way pilot shifted valve, a
model RBAE pressure relief valve and a model NCCC needle valve. These
valves are all from SUN Hydraulics.
The model DDDC four-way valve is a spring centred oversizing valve, its circuit
view is described in Figure 4-5.

Figure 4-5 Circuit and section view of DDDC four-way valve [88]

It is a three position, four-way directional cartridges with six ports, all ports can
accept 350 bar pressure, its technique data is listed in Table 4-3.
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Table 4-3 The specifications of the DDDC four-way directional valve [88]

Model DDDC four-way valve
Parameter

Value

Unit

Capacity

75.71

l/min

Minimum pilot shift pressure

10

bar

Max working pressure

350

bar

Weight

0.5

kg

Its factory performance curves are listed in Figure 4-6.

Figure 4-6 Performance curves of the DDDC four-way valve [88]

The capacity of this valve is much larger than the other components capacity,
this choice is to reduce the throttle losses to the minimum. The performance
curve in Figure 4-6 indicates this DDDC valve is not a symmetric ported valve,
the port 3 is larger than port 5 but port 2 and 4 are equal. This design will affect
the nonlinear behaviours of the hybrid pump-controlled system, the details will
be discussed in chapter 6.
Three RBAE pressure relief valves are utilised in this system, two of them are
placed next to the DDDC valve, their inlet ports are connected to the four-way
valve pilot ports as in Figure 4-2. This arrangement is to ensure the four-way
valve is shifted before the hydraulic fluid flow into cylinder chambers. The
pressure setting of the two RBAE valves is adjusted to the minimum shift pilot

83

pressure of the DDDC valve, the third one is used as a safety valve. Its circuit
and section view are listed in Figure 4-7.

Screw

Figure 4-7 RBAE pressure relief valve [89]

Its technique data is listed in Table 4-4:
Table 4-4 The specifications of RBAE relief valve [89]

RBAE pressure relief valve
Parameter

Value

Unit

Capacity

9.5

l/min

Response time

2

ms

Max working pressure

350

bar

Adjust range

1.7 ~ 210

bar

Weight

0.13

kg

The pressure setting is adjusted by turning the screw that locates on the top of
the valve. Due to the design, the backpressure at the outlet is directly additive
to the pressure at the inlet. Its performance curves are depicted in Figure 4-8.
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Figure 4-8 RBAE pressure relief valve performance curves [89]

A needle valve is placed at the return line of the system, which is used to
regulate the flow back to the tank. This arrangement is to increase the stiffness
of the system, which increases the stability during operation. Its circuit and
section view are listed in Figure 4-9.

Screw
Figure 4-9 NCCC needle valve [90]

This needle valve is equipped with a reverse flow check component. The needle
valve is adjustable from fully closed to maximum orifice diameter by turning the
screw on top. Its technique data is listed in Table 4-5.
Table 4-5 NCCC needle valve specification [90]

NCCC needle valve
Parameter

Value

Unit

Capacity

9.5

l/min

Adjustment

5

turns

Max working pressure

350

bar

Weight

0.15

kg
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4.2.5 Actuator
The hydraulic actuator in this hybrid pump-controlled system is an asymmetric
cylinder drive from AIR POWER & HYDRAULICS. It is C10 cylinder 18 series
with a stroke of 300mm, 18 mm rod diameter and 32 mm piston diameter. Its
section view is depicted in Figure 4-10, a 𝐻 shape seal is applied in this cylinder.

Figure 4-10 Section view of the C10 series 18 model asymmetric cylinder [91]

Its technique data is listed in Table 4-6.
Table 4-6 C10 18 series asymmetric cylinder specifications [91]

C10 asymmetric cylinder 18 series
Parameter

Value

Unit

Piston diameter

31.75

mm

Rod diameter

18

mm

Max working pressure

350

bar

Stroke

300

mm

Piston area

8.042

cm2

Annular area

5.50

cm2

Maximum speed

500

mm/s
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4.2.6 Sensors
The sensors in this hybrid pump-controlled asymmetric cylinder drive system
include a potentiometer and four pressure transducers. The potentiometer is
attached to the cylinder to record the cylinder displacement. Two pressure
transducers are connected to the cylinder chambers to measure the cylinder
chamber pressures.
The potentiometer used is model CFL 300 from Sakae as depicted in Figure
4-11 with a stroke of 300 mm. It is a basic potentiometer. 10 volts power supply
is applied on terminal 1 and 3, and slider 2 provides voltage change which
indicates the motion of the cylinder.

Figure 4-11 Circuit of CFL 300 potentiometer from Sakae [92]

The four pressure transducers are the same, they are PXM309-350G pressure
transducer from Omega. This PXM309-350G model is able to measure up to
350 bar gauge pressure. The red and black cables are connected to the power
supply, and the white is output the measured signal. The technique data of the
transducer is listed in Table 4-7.
Table 4-7 Omega PXM309 pressure transducer [93]

PXM306-350G pressure transducer
Parameter

Value

Unit

Power supply

15 ~ 30

Volts

Output

0 ~ 10

Volts

Measurable pressure

0 ~ 350

bar

Response time

1

ms
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Bandwidth

1k

Hz

Pressure connection

¼”

BSPP

Accuracy

+/-0.25

%

4.2.7 Signal processing platform
The hybrid pump-controlled asymmetric cylinder drive system utilises a
Quanser USB Q8 data acquisition board to process the signal in real time. The
board can process digital and analogue signal. As for the requirements of this
hybrid pump-controlled system, only the analogue part is utilised.
This DAC board collects all the information from sensors and transfer them to
the host PC. After the PC processes these signals, the board accepts the
command from PC host and output analogue signal to target components. A
summary of signal arrangement is listed in Table 4-8.
Table 4-8 Signal ports arrangement on the DAC board [94]

Signal ports arrangements
Signal

Component

Form

Pin type

Motor speed command

Motor drive

Voltage

Analog output

Motor speed feedback

Motor tachometer

Voltage

Analog input

Power supply

Potentiometer

Voltage

Analog output

Cylinder displacement

Potentiometer

Voltage

Analog input

Chamber pressures

Transducers

Voltage

Analog input

Concluding remarks
This chapter puts forward an open loop design circuit of a hybrid pumpcontrolled asymmetric cylinder drive system, targeting at combines the
advantages of a valve-controlled and a pump-controlled asymmetric cylinder
system, meanwhile, achieving the energy saving purpose.
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Due to the pilot shifted four-way valve is shifted by the pressure in the pipeline
and there is a charging process when pump changes its direction, this hybrid
design is not able to perform as fast response as a servo valve controlled
system. As this research is not focused on dynamically demanding applications
like in aerospace and military, the choice of this type of four-way valve should
be acceptable. This oversizing four-way valve is applied to reduce the throttle
losses to the minimum. But the needle valve in the return line is added to
increase the stiffness of the system during operation to reduce the velocity
oscillations possibility in the hybrid pump-controlled asymmetric cylinder
system.
The system components are reviewed, and their parameters are collected for
further simulation in chapter 6. The design purpose will be tested and validated
in chapter 7.
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Chapter 5
5.

A new friction model based on
LuGre model

A new friction model based on LuGre
model

The LuGre model is a friction model that simulates friction behaviours base on
velocity only [58]. However, for the hydraulic applications, the major part of the
overall system friction force is from cylinder seal and this part is not only
affected by the velocity [95]. This chapter investigates other factors that will
affect the friction other than the velocity, and implements a new friction model
on current LuGre model to better capture the friction behaviour in hydraulics,
including pressure term, acceleration term and velocity term.

Implement of the new friction model
As reviewed in chapter 2, the LuGre model captures almost all the friction
phenomenon without a complex model structure. The LuGre model composes
three equations as follow, where 𝑣 is the relative velocity of two contacting
surfaces, 𝑧 is the internal friction state and can be interpreted as average bristle
deflection. 𝐹𝑓 is the overall friction.
𝑑𝑧
+ 𝜎2 𝑣
𝑑𝑡
𝑧
|𝑣|
𝑧̇ = 𝑣 − 𝜎0
𝑔(𝑣)

𝐹𝑓 = 𝜎0 𝑧 + 𝜎1

(5.1)
𝛼

𝑔(𝑣) = 𝐹𝑐 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −(𝑣/𝑣𝑠 )
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The LuGre model generates a spring-like friction behaviour for small
displacement, in which dominated by stiffness parameter 𝜎0 and microdamping 𝜎1 . The 𝜎2 𝑣 is viscous friction, this part can be replaced with a function
𝑓(𝑣) to represent macro-damping. The 𝑔(𝑣) captures Coulomb friction and
Stribeck effect, the parameter 𝑣𝑠 is Stribeck velocity and it determines how fast
𝑔(𝑣) approach 𝐹𝑐 . Different scenarios have corresponding different parameter
𝛼.
The LuGre model above is a model dependent on velocity only, and most
friction models are used to predict friction from mechanical motion transmission
elements such as gears, screws and electrical motors. Friction in these
applications is most metal to metal contacts, with different lubrication conditions.
But in hydraulic cylinders, elastomeric seals have a distinct influence [96].
Pressure term is introduced in a friction model to interpret that the friction value
is dependent on load [97], and when the load motion reverses at low velocity
(nearly zero), a velocity function is not adequate to depict the friction [97]. A
pressure dependent friction model is applied in a hydraulic motor [98], which is
capable of describing friction at low velocity. These examples revealed that
pressure is a distinct factor that will affect friction in hydraulic applications.
The types of seals in the cylinder have different friction characteristics, the
section view of the asymmetric cylinder utilised in this research is depicted in
Figure 5-1, it can be observed that its piston seal is a double acting H shape
seal.

91

Piston seal

(a small part of

the seal is placed between the
edge of piston and its sleeve,
wedging

and extrusion are

likely to occur under pressure)

Figure 5-1 C10 18 series asymmetric cylinder piston seal [91]

The piston seal, the rod seal and wiper seal, as in Figure 5-2, will also affect
the overall friction value. The friction will be affected by multiple factors, for
instance, seal design and material, fluid and fluid pressure, temperature,
rubbing speed and surface finish [99].
Wiper seal

Rod seal

Figure 5-2 C10 18 series asymmetric cylinder rod seal and wiper seal [91]

As the friction causes heat during operation and leads to degradation of the
seals, it will show influence on friction again. The basic seal friction equation is
given as below, it must be noticed that the friction coefficient 𝜇 is an empirical
factor and varies with speed, time, material, surface roughness, etc.
The seal friction is proportional to the effective contact pressure [99], can be
expressed by an empirical equation as below:
𝑆𝑒𝑎𝑙 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 = 𝜇(𝑣)𝑃𝑒 ∙ 𝐴

(5.2)

where
𝜇 = 𝑐𝑜𝑒𝑓𝑓𝑖𝑐𝑖𝑒𝑛𝑡 𝑜𝑓 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛
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𝑃𝑒 = 𝑒𝑓𝑓𝑒𝑐𝑡𝑖𝑣𝑒 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒
𝑣 = 𝑟𝑢𝑏𝑏𝑖𝑛𝑔 𝑣𝑒𝑙𝑜𝑐𝑖𝑡𝑦
𝐴 = 𝑐𝑜𝑛𝑡𝑎𝑐𝑡 𝑎𝑟𝑒𝑎
In a normal situation the 𝑃𝑒 effective pressure is equal to the pressure difference
on both sides of the cylinder piston. The coefficient of friction 𝜇 is varied with
speed 𝑣. The variable condition influence on the value of friction coefficient 𝜇 is
listed in Table 5-1.
Table 5-1 Friction coefficient μ under various conditions [99]

Friction coefficient 𝝁
Condition

Value

Dry seal surface

0.4 ~ 1

Lubricated elastomers surface

0.02 ~ 0.1

Lubricated fabric surface

0.04 ~ 0.08

The general seal friction equation 5.2 is feasible when the seal is not wedging,
but the asymmetric cylinder piston seal in Figure 5-1 is a made by nitrile rubber
and polyurethane. Its H shape structure makes it flexible and deformation under
pressure, this design is to ensure the seal is always contacting with the surface.
This kind of seal called pressure-energised seals, it is prone to extrusion and
wedging under high pressures, especially when the clearance is generous
(normally greater than 0.25mm) [99]. Under this circumstance, the friction force
is increased considerably, and its value is proportional to the square of the
effective pressure [99], so that the seal friction equation 5.2 becomes：
𝑆𝑒𝑎𝑙 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 = 𝛿 ∙ 𝜇(𝑣) ∙ (𝑃𝑒 )2 𝐴

(5.3)

2
where 𝛿 is a constant based on the seal type [𝑚 ⁄𝑁].

In this hybrid pump-controlled asymmetric cylinder system, a small part of the
seal is placed between the edge of the piston and its sleeve as shown in Figure
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5-1, the design of the seal will tend to wedging and extrusion. Besides, this
asymmetric cylinder is operated with long term service, wears may occur in
piston seals, which leads to generous clearance. But the rod seal and wiper
seal are not under pressure during system operation, and they are equivalent
to simple lubricated contacting surfaces. So that the friction of the rod seal and
wiper seal should able be depicted by velocity functions. The load coupling to
the cylinder is moving horizontally on a plate, its friction should also be
interpreted by a velocity function.
The LuGre model is a well-performed friction model based on the velocity, and
the energy-pressurised seal friction is not a complex function. So that a new
friction model based on the LuGre model is implemented as below.
𝐹 = 𝜎0 𝑧 + 𝜎1 𝑧̇ + 𝐾(𝑃𝑑 )2 𝑣
𝑧̇ = 𝑣 − 𝜎0

|𝑣|
𝑧
𝑔(𝑣)

(5.4)
𝛼

𝑔(𝑣) = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −|𝑣/𝑣𝑠 |

where 𝐾 is a gain for pressure-energised seal friction equation 5.4 [m3s/N], it’s
composed of the friction coefficient 𝜇, constant 𝛿 and the contact area 𝐴. The
contact pressure 𝑃𝑒 is not measurable and it is greatly influenced by pressure
difference on the seal [99], so that the pressure difference 𝑃𝑑 is utilised in
equation 5.4 and the gain 𝐾 will compensate for the difference between the 𝑃𝑒
and 𝑃𝑑 . As the parameter 𝐾 is only obtained by curve fitting method, this
proposed friction model is an empirical model.
In low velocity situation, stick-slip and Stribeck effects are mainly described by
𝜎0 𝑧 + 𝜎1 𝑧̇ . When the cylinder is in the normal operation state, the pressureenergised seal friction part 𝐾(𝑃𝑑 )2 𝑣 will show its distinct influence. This new
friction model should able to capture both micro and macro friction behaviours
of hydraulic applications. There are several parameters needs to be identified
to complete the model, these processes will be carried out in the next section.
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Model parameters identification

A new friction model is implemented in the last section, its parameters are
varying for many elements, for instance, the contacting surface roughness,
loads, lubrication conditions. There should exist a unique set of parameters for
the new friction model for the test rig that implemented in chapter 4, the
parameters are listed in Table 5-2. This section depicts the procedures of
identification of all its parameters.
Table 5-2 Parameters to be decided for the new friction model

The new friction model parameters
Parameter

Unit

Annotation

𝜎0

N/m

Stiffness

𝜎1

Ns/m

Micro-damping

𝐾

m3s/N

Gain for seal friction

𝐹𝐶

N

Coulomb friction

𝐹𝑠

N

Stiction friction

𝑣𝑠

m/s

Stribeck velocity

𝛼

-

Curve constant

5.2.1 No added load tests
This section describes the procedures of identification of parameters when the
system in steady state and dynamic state in the first part, the second part
compare the original LuGre friction model performance for this test rig with the
performance of the new friction model.
Several tests are runs to identify these parameters, and the first step is to find
the value of the parameters when the asymmetric cylinder is in steady state. A
biased square wave command is sent to the system to perform a symmetric
velocity square wave motion. The pressure transducers record the chamber
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pressure 𝑃1 and 𝑃2 , and the potentiometer records the displacement of the
cylinder in real time. Cylinder velocity is calculated by the differential of the
displacement by equation 5.5.
𝑣=

𝐷𝑖𝑠𝑝𝑙𝑎𝑐𝑒𝑚𝑒𝑛𝑡 𝑑𝑖𝑓𝑓𝑒𝑟𝑒𝑛𝑐𝑒
𝑡𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙

(5.5)

where 𝑡𝑖𝑛𝑡𝑒𝑟𝑣𝑎𝑙 is the time interval of each recorded displacement data [𝑠𝑒𝑐].
The friction force in the square waves tests is estimated based on the steady
state equations of the new friction model. The velocity is a constant when the
asymmetric cylinder in steady state, the internal state 𝑧 or average bristle
deformation 𝑧 will remain as a constant, hence, its derivative 𝑧̇ = 0.
Let
𝑧̇ = 0 = 𝑣 − 𝜎0

|𝑣|
𝑧
𝑔(𝑣)

(5.6)

Cancel the velocity 𝑣, reveals:
𝑔(𝑣) = 𝜎0 𝑧

(5.7)

Substitute the steady state 𝜎0 𝑧 into friction force equation 5.4 reveals:
𝐹𝑓𝑠𝑠 = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐

𝑣 𝛼
−| |
𝑣
)𝑒 𝑠

+ 𝐾(𝑃𝑑 )2 𝑣

(5.8)

So that equation 5.8 is suitable to calculate the friction force when the
asymmetric cylinder operates in a square waveform, all the unknown
parameters in it can be obtained by curve fitting method. The curving fitting tool
in Matlab requires experimentally measured friction force, but it is not possible
to be directly measured. However, it can be obtained by equation 5.9, as the
cylinder is placed horizontally, the preload pressure is not in the consideration.
𝐹𝑓 = 𝑃1 𝐴1 − 𝑃2 𝐴2 − 𝑚𝑎

(5.9)

where 𝑚 is the mass attached to the cylinder [𝑘𝑔], 𝑎 is the acceleration [𝑚⁄𝑠 2 ].
When the asymmetric cylinder in a square wave motion, the cylinder
acceleration will drop to zero after the cylinder switched its direction. Therefore,
the equation 5.9 becomes 5.10.
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For a steady state test, the friction force is calculated by:
𝐹𝑓 = 𝑃1 𝐴1 − 𝑃2 𝐴2

(5.10)

For example, a biased square wave command is sent to the asymmetric
cylinder to perform +/- 25 mm/s 0.2 Hz square wave motion, the chamber
pressure 𝑃1 and 𝑃2 are measured by transducers and the friction force can be
calculated by equation 5.10, its steady state friction force from experimental
measurements are depicted in Figure 5-3.

Dynamics

Steady state region

Figure 5-3 Exampled calculated steady state friction force from +/-25 mm/s measured data

The steady state friction force is obtained by averaging the friction values when
the cylinder in steady state region as in Figure 5-3, more square wave velocity
inputs are sent to the test rig to measure the friction forces under different
velocities. Its steady state friction forces and corresponding velocities are
collected in Table 5-3.
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Table 5-3 Steady state experimental measurements

Steady state friction force test
Velocity mm/s

Friction force N

48.03

220

36.18

181.5

25

167

15

139.2

0

180

0

150

0

-150

0

-188

-14.73

-110

-24.67

-119.6

-36.71

-136

-49.05

-162.2

There are some friction force values at zero velocity, which is due to the cylinder
is in stiction state. The steps of no added load test can be summarised as:
•

Disconnect the tray and cylinder.

•

Send a biased square signal to the system to perform a symmetric
square wave motion on the asymmetric cylinder.

•

Record the peak (stiction friction) and steady state friction force.

•

Repeat above processes with different velocity tests and draw the steady
state friction force curve as in Figure 5-4.

So, the steady state friction with different velocities is collected in Figure 5-4.
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Figure 5-4 Measured steady state friction force curve from various square wave tests

The right half of this curve is when cylinder in the extending mode, the left half
is when cylinder in the retracting mode. In both modes, the stiction, Stribeck
effect and viscous friction can be observed. When asymmetric cylinder starts
its motion, the friction force reaches the maximum stiction friction force, then
the friction force decreased with the increased velocity at low cylinder velocity.
After the velocity exceeds some threshold, the friction force is increased with a
larger velocity.
It can be noticed that when the asymmetric cylinder is operating at the same
absolute velocity, the absolute friction force in the extending state is larger than
that in the retracting state. This phenomenon is caused by the piston area
difference. When the cylinder is retracting, less flow rate is required to achieve
the same velocity in extending state, so the pressure in the rod side chamber
is smaller. The difference can also be found in the pressure-energised piston
seal, a smaller compress pressure will lead to a smaller friction force.
The effective pressure here is the pressure difference between both cylinder
chamber, makes the steady state friction 𝐹𝑓𝑠𝑠 equation 5.8 becomes:

𝐹𝑓𝑠𝑠 = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐

𝑣 𝛼
−| |
𝑣
)𝑒 𝑠

+ 𝐾(𝑃1 − 𝑃2 )2 𝑣

(5.11)
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Chamber pressures 𝑃1 , 𝑃2 are obtained by pressure transducers, velocity is the
derivative of measured displacement from the potentiometer. Observe the
measured steady state friction force curve, some initial guessed parameters
values are set as in Table 5-4.
Table 5-4 Initial guess value based on observation

Initial guess value set from observation
Parameter

Unit

Extending

Retracting

𝐹𝐶

N

110

-80

𝐹𝑠

N

180

-188

𝑣𝑠

m/s

0.01

-0.01

The data collected in Table 5-3, the steady state friction force equation 5.5 and
initial guess value in Table 5-4, put the data above into the curve fitting tools
(CFTOOL) in Matlab, reveals the values of the parameters in Table 5-5.
Table 5-5 Parameter value obtained from CFTOOL in Matlab

Curve fitting values
Parameter

Unit

Extending

Retracting

𝛼

/

0.1087

0.1138

𝐾

m3s/N

2.5 x 10-8

4 x 10-9

Substitute these values into the new friction model equations to obtain the
simulated friction force. The measured friction curve and simulated data under
steady state are compared in Figure 5-5, indicating that the new friction model
is able to capture the friction behaviours in the hybrid pump-controlled
asymmetric cylinder drive system when it is in steady state.
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Figure 5-5 Experimental data vs simulated friction force results in steady state from square wave test

The steady state friction curve generated by the new friction model is able to
capture the stiction, Stribeck effect and viscous friction phenomenon.
The 𝜎0 stiffness and 𝜎1 micro-damping is related to friction force dynamics, in
the new friction model they combine with average bristle deformation 𝑧. The
derivative of the average deformation 𝑧̇ is not zero when the asymmetric
cylinder keeps changing its velocity. To identify the value of 𝜎0 and 𝜎1 , a
sinusoidal wave of 0.2 Hz command is sent to the system to make the

Friction force N

asymmetric cylinder perform a sine wave motion with +/- 50mm/s amplitude.

Time s
Figure 5-6 Measured dynamic friction force on without added load (+/-50 mm/s sine wave)
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The measured dynamic friction force with 0.2 Hz sinusoidal wave command is
recorded in Figure 5-6, some spikes can be observed when the asymmetric
cylinder changes its direction. The spikes are typically a stiction friction
phenomenon

combines

with

some

cylinder dynamics, the

pressure

accumulates until the pressure difference is large enough to overcome the
stiction force. When the piston starts to move, chamber pressure will suddenly
drop to some level, the pressure drop also affects the friction force, shown as
a spike in Figure 5-6.
With the known parameters, pick the guessed values for 𝜎0 and 𝜎1 as in Table
5-6, which are from a similar test rig in [100].
Table 5-6 Initial guesses of σ0 and σ1 [100]

Initial guess values
Parameter

Unit

Value

𝜎0

N/m

1 x 107

𝜎1

Ns/m

0.1

The value of bristle stiffness 𝜎0 affects the magnitudes and rise time of the
break-away force [101], adjust its value until the simulated curve matches the
experimental results. So, the values are adjusted as in Table 5-7.
Table 5-7 Adjusted values of σ0 and σ1

Adjusted values
Parameter

Unit

Value

𝜎0

N/m

3 x 107

𝜎1

Ns/m

0.1

Compare the experimental results with the new friction model as in Figure 5-7
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Simulated

Friction force N

Experimental

Time s
Figure 5-7 No added load experimental dynamic friction vs new friction model simulation results with
pressure difference term (+/-50 mm/s sine wave)

Overall, the new friction model almost captures the dynamics in experimental,
but the simulated friction is not catch up with the force when cylinder change its
direction, a clear view of friction force vs velocity reveals this concern in Figure
5-8.

Experimental
Simulated

Figure 5-8 No added load experimental friction compares with simulated friction with pressure difference
term (+/-50 mm/s sine wave)

This phenomenon is related to the fluid film thickness changes during the piston
acceleration and deacceleration [99], which means there is an acceleration
term missing in the new friction model. To compensate the difference, the new
friction model is updated as:
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𝐹 = 𝜎0 𝑧 + 𝜎1 𝑧̇ + 𝐾[(𝑃1 − 𝑃2 )2 𝑣 + 𝐻 ∙ 𝑎]
𝑧̇ = 𝑣 − 𝜎0

|𝑣|
𝑧
𝑔(𝑣)

(5.12)
𝛼

𝑔(𝑣) = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −|𝑣/𝑣𝑠 |

The 𝐻 in equation 5.12 can be regarded as a gain [𝑁 2 𝑠⁄𝑚4 ], the CFTOOL in
MATLAB reveals that when the cylinder is extending, the 𝐻 = 3.046 × 109 ,
while in retracting state, the 𝐻 = 9 × 109 . Substitute the 𝐻 back to new friction
model, compare with experimental results as in Figure 5-9 and Figure 5-10.
Simulated

Friction force N

Experimental

Time s

Figure 5-9 No load experimental friction results vs new friction model results with pressure and
acceleration term (+/-50 mm/s sine wave)

Experimental
Simulated

Figure 5-10 No load experimental vs simulation results of force vs velocity with pressure and
acceleration term (+/-50 mm/s sine wave)
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The updated friction model with the acceleration term captures the dynamics of
friction better during system operation. For this hybrid pump-controlled
asymmetric cylinder drive system in this research, its new friction model
parameters are listed in Table 5-8.
Table 5-8 Parameters of the new friction model for the test rig

Parameters values for no added load test rig
Parameter

Unit

Extending

Retracting

𝐹𝐶

N

110

-80

𝐹𝑠

N

180

-188

𝑣𝑠

m/s

0.01

-0.01

𝛼

/

0.1087

0.1138

𝐾

m3s/N

2.5 x 10-8

4 x 10-9

𝜎0

N/m

3 x 107

3 x 107

𝜎1

Ns/m

0.1

0.1

𝐻

N2s/m4

3.05 × 109

9 × 109

Observe the results in Figure 5-9 and Figure 5-10, though the new friction
model is not able to capture all the friction results from experimental perfectly,
some transient changes are not followed, but it almost consistent with
experimental results. So, the new friction model can be judged as a success.
These parameters in Table 5-8 are obtained without a load applied to the
cylinder, the next section discusses the load influence on the parameters.

5.2.2 Added load tests
All the above tests are carried out without any load, in theory, the load should
only affect stiction friction 𝐹𝑠 and Coulomb friction 𝐹𝑐 [101]. Two loaded tests are
carried out to verify this assumption, the first test is a total 25 kg load (tray and
added load) attached to the asymmetric cylinder. Same biased command of 0.2
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Hz sinusoidal wave is sent to the cylinder to perform the same sine wave motion
as no added load test.
Keeps the values of parameters the same as no load except the stiction friction
𝐹𝑠 and Coulomb friction 𝐹𝑐 , adjust their value as in Table 5-9, simulate the new
friction model with equation 5.12 and compare with the measured friction force
as in Figure 5-11.
Table 5-9 Stiction force Fs and Coulomb force Fc for 25 kg load

Added load 25 kg
Parameter

Unit

Extending

Retracting

𝐹𝐶

N

120

-90

𝐹𝑠

N

200

-190

Friction force N

Experimental

Simulated

Time s

Figure 5-11 Added 25kg load friction force of experimental & new friction model simulation results
(+/-50 mm/s sine wave)

Observe these results in friction force vs velocity form in Figure 5-12, the new
friction model is still able to capture almost all the experimental friction
behaviours under the loaded condition.
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Experimental

Simulated

Figure 5-12 Added 25kg load friction force experimental vs new friction model simulation results
(+/-50 mm/s sine wave)

A further test is carried with 38 kg load (tray and added load) attached to the
asymmetric cylinder, change the stiction friction 𝐹𝑠 and Coulomb friction 𝐹𝑐 as
in Table 5-10.
Table 5-10 Stiction force Fs and Coulomb force Fc for 38 kg load

Added load 38 kg
Parameter

Unit

Extending

Retracting

𝐹𝐶

N

122

-80

𝐹𝑠

N

205

-188

Simulate the friction force and compare with the experimental results as in
Figure 5-13.
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Simulated

Friction force N

Experimental

Time s

Figure 5-13 Added 38kg loaded friction force experimental & new friction model simulation results
(+/-50 mm/s sine wave)

The simulated curve shows good consistency with experimental results.

Experimental

Simulated

Figure 5-14 Added 38kg loaded friction force experimental vs new friction model simulation results
(+/-50 mm/s sine wave)

Observe the friction force vs velocity curves in Figure 5-14, though some
transient behaviours are not captured, the new friction model still captures
almost all the friction behaviours in the hybrid pump-controlled asymmetric
cylinder drive system. So that the assumption has been verified, the external
load only affects the parameter 𝐹𝐶 and 𝐹𝑠 . However, the values of both
parameters are not obviously changed with different added load, this may due
to the added load is already reflected on the pressure term of the new friction
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model. All these tests are carried out in a low velocity scenario, the performance
of this new friction model under high velocity will be tested in future.

Original LuGre model performance comparison
The performance of the new friction model is verified in the previous section,
but how much the new friction model is improved compared to the original
LuGre model is discussed in this section. The original LuGre friction model can
be expressed by:
𝑑𝑧
+ 𝜎2 𝑣
𝑑𝑡
𝑑𝑧
𝑧
|𝑣|
=𝑣−
𝑑𝑡
𝑔(𝑣)

𝐹𝑓 = 𝜎0 𝑧 + 𝜎1

𝛼

𝑔(𝑣) = 𝐹𝑐 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −(𝑣/𝑣𝑠 )
The values of parameters are set as:

Table 5-11 LuGre friction model parameters for no-load test

LuGre friction model parameters
Parameter

Unit

Extending

Retracting

𝐹𝐶

N

110

-80

𝐹𝑠

N

180

-188

𝑣𝑠

m/s

0.01

-0.01

𝛼

/

0.1087

-1138

𝜎0

N/m

3 x 107

3 x 107

𝜎1

Ns/m

0.1

0.1

𝜎2

Ns/m

1000

900

The LuGre friction model is utilised in no-load set up, the set up is to minimise
the influence from the external environment. Run the simulation and compare
to the experimental results as in Figure 5-15
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Simulated

Friction force N

Experimental

Time s

Figure 5-15 Original LuGre model friction force compare with experimental results

No matter what values are given to its parameters, the simulated LuGre friction
model is not able to capture the experimental measurements as good as the
new friction model results in Figure 5-9.

Experimental
Simulated

Figure 5-16 Original LuGre model simulated results compared to experimental results

When observing the friction force vs velocity results in Figure 5-16, the
simulated LuGre friction model misses a lot of friction dynamics in the hybrid
pump controlled asymmetric cylinder drive system.
So that for the hydraulic applications, the new friction model is an improved
solution to simulate friction force.
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Concluding remarks

This chapter implements a new friction model developed on the LuGre model,
the original LuGre model is described below.
𝑑𝑧
+ 𝜎2 𝑣
𝑑𝑡
𝑧
𝑂𝑟𝑖𝑔𝑛𝑎𝑙 𝐿𝑢𝐺𝑟𝑒 𝑚𝑜𝑑𝑒𝑙
|𝑣|
𝑧̇ = 𝑣 − 𝜎0
𝑔(𝑣)
𝛼
{𝑔(𝑣) = 𝐹𝑐 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −(𝑣/𝑣𝑠 )
𝐹𝑓 = 𝜎0 𝑧 + 𝜎1

(5.13)

The new friction model combines friction calculation with velocity, chamber
pressure and acceleration, developed a new friction model that can be applied
for hydraulics application as below:
𝐹𝑓 = 𝜎0 𝑧 + 𝜎1 𝑧̇ + 𝐾[(𝑃1 − 𝑃2 )2 𝑣 + 𝐻 ∙ 𝑎]
|𝑣|
𝑁𝑒𝑤 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 𝑚𝑜𝑑𝑒𝑙
𝑧̇ = 𝑣 − 𝜎0
𝑧
𝑔(𝑣)
𝛼
𝑔(𝑣) = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐 )𝑒 −|𝑣/𝑣𝑠 |
{

(5.14)

Compared with the original LuGre model, some new parameters are introduced,
the 𝐾[(𝑃1 − 𝑃2 )2 𝑣] part added the pressure influence in the 𝜎2 𝑣 part in original
LuGre model, and an extra 𝐾𝐻 ∙ 𝑎 part describes the influence brought by the
acceleration. As the parameter 𝐾 and 𝐻 are obtained by curve fitting method,
the new friction model is an empirical model. Their performances are compared
in Figure 5-17.

(a)

Original LuGre model performance

(b)

New friction model performance

Figure 5-17 Original LuGre friction model performance vs new friction model performance
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Its simulation friction results are compared with experimental results when
asymmetric cylinder performs +/-50 mm/s sine wave motion, validated its
feasibility to describe the friction force in a hybrid pump-controlled asymmetric
cylinder drive system. Compared with the simulation results from the original
LuGre friction model, the improvements of the new friction model are validated.
This new friction model will be added to the simulation model for the hybrid
pump-controlled asymmetric cylinder drive system for a better result.
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Chapter 6
6. System modelling
System modelling

This chapter utilises the component linking method from chapter 3 to simulate
the open loop tests of the hybrid pump-controlled asymmetric cylinder drive
system in chapter 4, and aims at the construction of a model to describe the
test rig for nonlinearities analysis and further research. There is no mechanism
to keep a constant supply pressure in the hybrid pump-controlled system, and
the flow and force balance equations that utilised in the valve-controlled system
are no longer suitable, but the algorithm of component linking is still applied.

Overview of the system
The hybrid pump-controlled asymmetric cylinder drive system in Figure 6-1 is
modelled to simulate its performance in velocity, force, pressure, etc. The
power drive controller sends command signals to the motor, the coupling pump
delivers the flow into the pipelines, the pilot four-way valve is shifted to the
corresponding position and the fluid flow is delivered to cylinder chamber to
drive the cylinder. The cylinder is coupling with a load and its motion is operated
to follow the command signal.
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Figure 6-1 Hybrid pump controlled asymmetric cylinder drive system

Similar to the component linking model of the valve-controlled asymmetric drive
system in chapter 3, this open loop system model composes of pump model,
valve model, actuator model and load model. The major difference is that the
command was sent to the valve to adjust its valve opening to control the
chamber pressures in the valve-controlled system, while this hybrid pumpcontrolled system accepts the signal by the pump and the pump delivers flow
into service lines to create chamber pressures to drive the asymmetric cylinder.
Its algorithm is depicted as in Figure 6-2, each component is modelled
individually and combined to simulate the whole system.

Figure 6-2 The schematic of modelling the hybrid pump controlled asymmetric cylinder drive system

This hybrid pump-controlled asymmetric drive system is a partially closed circuit.
When the cylinder is extending, all the fluid in the extending service line will be
delivered to the piston side chamber, and all the fluid in the retracting line will
go back to the tank like a valve-controlled system. The pilot four-way valve is
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oversizing to reduce the throttle losses and the pump delivers the flow to the
cylinder chamber to generate required pressures, this design targets at
reducing the major energy losses in the valve-controlled system. The needle
valve in the return line is to increase the stability during operation but will
introduce some throttle losses. So that this proposed design is to find a balance
middle place between a valve-controlled and a pump-controlled asymmetric
cylinder drive system, the rest of this chapter will build a system model to verify
and investigate its performance.

Modelling of the hydraulics
This section simulates the major hydraulic components of the hybrid pumpcontrolled asymmetric cylinder drive system, starting with the motor and pump,
then valves, and the asymmetric cylinder drive. Utilise component linking
algorithm to model the whole system.

6.2.1 Modelling of the motor and pump
The bidirectional HPI gear pump is coupling with the servomotor, the motor
drive sends command voltages to the servomotor, then the servomotor sends
speed information from tachometer to the amplifier drive to ensure the
servomotor’s speed follows the reference command. The coupling gear pump
operates at a corresponding velocity to deliver the fluid flow into the service line
at a certain rate. The process is described as in Figure 6-3, it can be regarded
as a command is input to a block and output flow rates to the system.
Tachometer
Command

Voltage

Motor drive

Velocity

Motor

Flow rate

Gear Pump

Figure 6-3 Pump and motor modelling scheme

Using the parameter of gear pump capacity data (from chapter 4) to covert the
motor velocity to flow rate, the scheme in Figure 6-3 can be simplified as in
Figure 6-4.
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Command

Flow rate

Motor and Pump

Figure 6-4 Simplified pump and motor model

The motor and pump model can be viewed as a second order transfer function
with a gain, natural frequency and damping, the gain is described as below:
𝑆𝑖𝑔𝑛𝑎𝑙 (𝑣𝑜𝑙𝑡) × 1.07 × 10−5 = 𝐹𝑙𝑜𝑤 𝑟𝑎𝑡𝑒 (𝑚3 /𝑠)
In Matlab Simulink, the pump and motor model are depicted in Figure 6-5.

Figure 6-5 Pump and motor model in Simulink

The transfer function in Figure 6-5 shows that the natural frequency is 47.62
rad/s and the damping ratio is 0.64. Both values are identified by curve fitting
tools, and the experimental step response of motor is depicted in Figure 6-6.

Figure 6-6 Step command and Motor tachometer response

6.2.2 Valves model
There are three types of valve in the hybrid pump-controlled asymmetric
cylinder drive system, a pilot four-way directional valve, three pressure relief
valves and a needle valve. This section will simulate these three types of valve.
6.2.2.1 Pilot directional four-way valve
This pilot directional four-way valve is from SunHydraulics with a model number
of DDDCXCN. A spring centred, normally closed, piloted by the pressure
difference between the port 1 and 6 four-way valve circuit is depicted in Figure
6-7.
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A

B

P

T

Figure 6-7 SunHydraulic DDDCXCN model pilot directional four-way valve circuit

In the component linking simulation work done by Leaney [4], the supply
pressure is a constant and the cylinder chamber pressures are adjusted by the
valve opening area. But in this hybrid pump controlled asymmetric cylinder drive
system, there is no constant supply pressure 𝑃𝑠 , and the valve porting details
are not offered as well, which indicates that the pressure equations in chapter
2 and 3 are not feasible for this application.
However, the performance curves in Figure 6-8 from its datasheet [88] can be
utilised to model this valve. The flow rate passing through a valve can be
calculated by a general equation as below:
2
𝑄 = 𝐶𝐷 𝐴𝑉 √ √∆𝑃
𝜌

(6.1)

where ∆𝑃 is the pressure difference between the valve inlet and outlet ports
[𝑁⁄𝑚2 ].
The flow vs pressure performance curves in Figure 6-8 is generated when the
valve is shifted (the valve spool is placed at the left and right end), which
indicates the valve opening 𝐴𝑉 in the performance curves remains maximum.

Figure 6-8 DDDCXCN four-way valve performance curve [88]
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The mechanism of this pilot shifted four-way valve in this hybrid pumpcontrolled system should only operate at three positions, spring centred, left
end and right end. This four-way valve is an oversizing valve, its capacity when
the valve is maximum opened is much larger than the requirement of the
system, so that the throttle losses can be reduced to the minimum level.
As the coefficient of discharge 𝐶𝐷 , valve opening 𝐴𝑉 and oil density 𝜌 are
constant, the valve performance in the system should be consistent with its
2

performance curve. The 𝐶𝐷 𝐴𝑉 √𝜌 part in equation 6.1 can be viewed as a
constant, it can be noticed that the curve of the B to T and A to T are placed
higher than that of P to A and P to B, this difference is due to the porting designs
of this valve is not all the same. To model the performance curve in an easier
way, Let:
2
𝐶𝐷 𝐴𝑉 √ = 𝐾𝑇 𝑤ℎ𝑒𝑛 𝑇 𝑝𝑜𝑟𝑡 𝑐𝑜𝑛𝑛𝑒𝑐𝑡𝑒𝑑 𝑤𝑖𝑡ℎ 𝐴 𝑎𝑛𝑑 𝐵
𝜌

(6.2)

2
𝐶𝐷 𝐴𝑉 √ = 𝐾𝑃 𝑤ℎ𝑒𝑛 𝑃 𝑝𝑜𝑟𝑡 𝑐𝑜𝑛𝑛𝑒𝑐𝑡𝑒𝑑 𝑤𝑖𝑡ℎ 𝐴 𝑎𝑛𝑑 𝐵
𝜌

(6.3)

Selects points from both curves and calculate their average values reveals:
1

𝐾𝑃 = 1.0644 × 10−6 𝑚4 ⁄𝑁 2 𝑠
1

𝐾𝑇 = 1.3730 × 10−6 𝑚4 ⁄𝑁 2 𝑠
Substitute 𝐾𝑃 , 𝐾𝑇 and a set of values of ∆𝑃 to model the performance curve
𝑄𝑃 = 𝐾𝑃 √∆𝑃 𝑓𝑜𝑟 𝑝𝑜𝑟𝑡 𝑃

(6.4)

𝑄𝑇 = 𝐾𝑇 √∆𝑃 𝑓𝑜𝑟 𝑝𝑜𝑟𝑡 𝑇

(6.5)

The simulated curves are revealed as in Figure 6-9, it shows consistency with
the performance curves from datasheet in Figure 6-8.
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Figure 6-9 Simulated DDDC four-way valve performance curves

As the flow and pressure equations for this four-way valve are obtained, the
algorithm of this pilot shifted four-way valve is depicted in Figure 6-10, the spool
stroke 𝑥𝑠 here is only used when the valve opening area is smaller than that of
the needle valve, the details will be depicted later in section 6.2.2.3.
Pilot
pressure
at port 1

Pilot
pressure
at port 2

Inlet pressure

Outlet pressure

∆𝑝 of pilot
port

Spool stroke
𝑥𝑠

∆𝑝 of inlet
and outlet
ports

Valve opening
area 𝐴𝑉

𝐷𝐷𝐷𝐶𝑋𝐶𝑁 Model

𝑄 Flow rate

Figure 6-10 DDDCXCN four-way valve model block diagram

6.2.2.2 Direct-acting relief valve
This section is to model the RBAELAN model pressure relief valve from
SunHydraulics, the relief valve is a two port, pilot stage, normally closed
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pressure regulating valve with fully adjustable pre-settings. When the pressure
at inlet port is adequate to overcome the pre-set spring force, a flow path is
created from port 1 to port 2 as in Figure 6-11:

Figure 6-11 SunHydraulics RBAELAN model valve symbolic scheme [89]

Its function is basically the same as a conventional relief valve to regulate the
pressure in the system. However, the RBAELAN model relief valve must
consider the pressure at the outlet port, the fluid pressure at port 2 is directly
added to the pressure setting at port 1. In a conventional valve system set up,
the pressure relief valve’s outlet port is connected to a tank or reservoir, their
pressure is normally equal to zero (gauge pressure). Its function can be
understood as the pressure at inlet port must overcome the pre-set spring force
to open the valve. Two of this RBAE valve are placed in the service line, whose
outlet port is connected to cylinder chamber inlet. But the pressure in the
cylinder chamber is usually not equal to zero when the cylinder piston is moving
during system operation. Thus, the pressure at port 2 must be taken into
consideration.
The spring force can be adjusted in a range of 1.7 bar to 210 bar, and its factory
default setting is 70 bar. The RBAE valve will perform differently under various
pressure settings, and these performance curves are given in Figure 6-12:

Figure 6-12 RBAELAN model relief valve performance curves [89]
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The different performance curves in Figure 6-12 indicates the relationship
between flow and pressure difference with the corresponding pressure presettings of the relief valve. The datasheet [89] shows it is a poppet type valve,
but the key parameters of the structure are not offered. In order to model this
relief valve, a similar methodology of the four-way valve model in section 6.2.2.1
is utilised here, which uses its performance curve to model this relief valve.

Figure 6-13 typical pressure relief valve performance curve [102]

The algorithm is inspired by [102], a scheme curve is shown in Figure 6-13,
when the inlet pressure is not reaching the cracking pressure, zero flow rate is
permitted. When the inlet pressure is higher than the cracking pressure, the
opening area keeps increasing until the pressure difference increased by ∆𝑃𝑟 .
During this process, the flow rate can be expressed with a linear equation. By
then, the valve reaches its maximum opening area, the flow rate is expressed
by another equation after the inlet pressure higher than 𝑃𝑚 . These equations
are described below:
𝑄𝑟

=0
𝑃𝐼𝑛 − 𝑃𝑐
= 𝑄𝑚 (
)
𝑃𝑚 − 𝑃𝑐
= 𝐾𝑣 √𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡

𝑖𝑓 𝑃𝐼𝑛 < 𝑃𝑐
𝑖𝑓 𝑃𝑐 < 𝑃𝐼𝑛 ≤ 𝑃𝑚

(6.6)

𝑖𝑓 𝑃𝐼𝑛 > 𝑃𝑚

where 𝑄𝑟 is the flow rate pass through the relief valve [𝑚3 ⁄𝑠], 𝑄𝑚 is the flow
rate when the valve reaches its maximum opening area [𝑚3 ⁄𝑠], 𝑃𝑐 is the presetting crack pressure [𝑁⁄𝑚2 ], 𝑃𝐼𝑛 here is stands for the inlet pressure [𝑁⁄𝑚2 ],
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𝑃𝑂𝑢𝑡 is the outlet pressure [𝑁⁄𝑚2 ]. And 𝐾𝑣 is the valve pressure-flow coefficient
as:
𝐾𝑣 =

𝑄𝑚

(6.7)

√𝑃𝑚

To build this model, the 𝑄𝑚 and 𝑃𝑚 are required, they are constants with a preset cracking pressure. These two parameters are the intersection point of two
curves in Figure 6-13, it can be solved by an equation 6.8:
𝑃𝑚 2 − (2𝑃𝑐 + 𝑅𝑎 2 𝐾𝑣 2 )𝑃𝑚 + 𝑃𝑚 2 = 0

(6.8)

where 𝑅𝑎 is the ratio of pressure and flow before the relief valve reaches
maximum spool stroke, and it is used to model a part of the performance curve
as:
𝑅𝑎 𝑄𝑟 + 𝑃𝑐 = 𝑃𝑟

(6.9)

After solving the equation 6.8, the value of 𝑃𝑚 is revealed, by then, the 𝑄𝑚 can
be calculated with parameter 𝐾𝑣 . The value of 𝐾𝑣 is obtained by measuring the
pressure and flow rate of point 4 in Figure 6-12, then utilise the equation 6.8 to
obtain the value of 𝐾𝑣 .
Use the equation sets 6.6 to draw performance curves with various cracking
pressures and compare with the factory performance curves as in Figure 6-14:

Pressure Differential vs. Flow
PSI

(a)

GPM

(b)

Figure 6-14 Modelled performance curves (a) vs. factory data (b)
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The comparison in the above figure indicates that the equations set 6.6 is able
to mathematically describe the RBAE valve’s flow and pressure behaviour.
However, during the operational condition of the hybrid pump-controlled system,
the outlet of the relief valve is not constantly zero pressure. Due to its function
that the outlet pressure will directly be added to the inlet pressure, the equation
set 6.6 should be rewritten as:
𝑄𝑟

=0
𝑖𝑓 𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡 < 𝑃𝑐
𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡 − 𝑃𝑐
= 𝑄𝑚 (
) 𝑖𝑓 𝑃𝑐 < 𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡 ≤ 𝑃𝑚
𝑃𝑚 − 𝑃𝑐
= 𝐾𝑣 √𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡

(6.10)

𝑖𝑓 𝑃𝐼𝑛 − 𝑃𝑂𝑢𝑡 > 𝑃𝑚

6.2.2.3 Fully adjustable needle valve
This section models the NCCC needle valve from SunHydraulics, it is a needle
valve with a reverse-flow check and fully adjustable function. Its diagram circuit
is depicted in Figure 6-15, this needle valve can be fully adjusted by turning the
screw on top to regulate the flow pass through.

Figure 6-15 NCCC needle valve diagram circuit [90]

This valve is used to limit the flow at the return line of the hybrid pump controlled
asymmetric cylinder by reducing its valve opening, the directional four-way
valve is connected with the needle valve at the return line. Moreover, they
connected by a short stainless steel pipeline, the DDDC four-way valve is an
oversizing valve compared to this needle valve, so that it can be regarded that
the return line valve opening is only dominated by this needle valve.
To model this simple function valve, its valve opening area is the only parameter
that required. It still based on the performance curve in Figure 6-16.
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Figure 6-16 NCCC needle valve performance curve [90]

Utilise the general flow and pressure equation 6.1 and rearrange it into below
equation 6.11, so that the valve opening area can be calculated corresponding
to different screw turns.
𝐴𝑉𝑛 =

𝑄
(6.11)

2
𝐶𝐷 √𝜌 √∆𝑃

where the coefficient of discharge 𝐶𝐷 , oil density 𝜌 and pressure difference ∆𝑃
are constant in equation 6.11, and the number of turns and their corresponding
valve opening areas can be calculated in Table 6-1.
Table 6-1 NCCC needle valve opening and its corresponding turns

NCCC needle valve data
Q (L/min)

Av (m2)

Point 1, 1 turns

0.67

4.51 x 10-7

Point 2, 2 turns

2.67

1.80 x 10-6

Point 3, 3 turns

5.33

3.61 x 10-6

Point 4, 4 turns

8.25

5.58 x 10-6

6.2.2.4 Overall of the valve model
This section reveals the major calculation processes and equations that linked
all the valve models together, two sets of equations are utilised when the
cylinder is extending or retracting.
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When the asymmetric cylinder in the extending state:
𝑄𝐷1 = 𝐴1 𝑣
𝑄𝐶1 = 𝑄𝑟 − 𝑄𝐷1
𝑃𝑖𝑠𝑡𝑜𝑛 𝑠𝑖𝑑𝑒 𝑐ℎ𝑎𝑚𝑏𝑒𝑟 {
𝑄𝐶1 𝐵
𝑃1 =
𝑉1 𝑠

(6.12)

𝑄𝐷2 = 𝐴2 𝑣
2
𝑄2 = 𝐶𝐷 𝐴𝑉𝑛 √ √𝑃2
𝜌

𝑅𝑜𝑑 𝑠𝑖𝑑𝑒 𝑐ℎ𝑎𝑚𝑏𝑒𝑟

(6.13)

𝑄𝐶2 = 𝑄𝐷2 − 𝑄2
𝑄𝐶2 𝐵
𝑃2 =
{
𝑉2 𝑠
When the asymmetric cylinder in the retracting state:
𝑄𝐷1 = 𝐴1 𝑣

𝑃𝑖𝑠𝑡𝑜𝑛 𝑠𝑖𝑑𝑒 𝑐ℎ𝑎𝑚𝑏𝑒𝑟

2
𝑄1 = 𝐶𝐷 𝐴𝑉𝑛 √ √𝑃1
𝜌

(6.14)

𝑄𝐶1 = 𝑄𝐷1 − 𝑄1
𝑄𝐶1 𝐵
𝑃1 =
{
𝑉1 𝑠
𝑄𝐷2 = 𝐴2 𝑣
𝑄𝐶2 = 𝑄𝑟 − 𝑄𝐷2
𝑅𝑜𝑑 𝑠𝑖𝑑𝑒 𝑐ℎ𝑎𝑚𝑏𝑒𝑟 {
𝑄𝐶2 𝐵
𝑃2 =
𝑉2 𝑠

(6.15)

The valve model in Matlab Simulink is depicted in Figure 6-17:

Figure 6-17 Valve model in Simulink
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It can be seen that the inputs to the valve model are the pump flow rate 𝑄𝑃 ,
velocity 𝑣 , chamber pressures 𝑃1 and 𝑃2 , chamber volumes 𝑉1 and 𝑉2 , its
outputs are the chamber pressures 𝑃1 and 𝑃2 .
The valve model block diagram is depicted in Figure 6-18, the four-way valve
offers the system state in the extending or retracting state.

(a) extending state

(b) retracting state

Figure 6-18 valve model in (a) extending state & (b) retracting state

6.2.3 Actuator model
This actuator model is to calculate the net force applied on the load, it accepts
inputs of friction force 𝐹𝑓 , chamber pressures 𝑃1 and 𝑃2 . Substitute them into
below force balance equation:
𝐹𝑛𝑒𝑡 = 𝑃1 𝐴1 − 𝑃2 𝐴2 − 𝐹𝑓

(6.16)

The actuator model outputs the net force 𝐹𝑛𝑒𝑡 to the load, and its model in
Matlab Simulink are depicted in Figure 6-19.

Figure 6-19 Actuator model in Matlab Simulink
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The actuator model block diagram is depicted in Figure 6-20.

Figure 6-20 Actuator model block diagram

6.2.4 Load model
The load model receives the net force 𝐹𝑛𝑒𝑡 from actuator model and chamber
pressures 𝑃1 and 𝑃2 from valves model, the chamber pressures are used to
calculate the friction force with the new friction model in chapter 5, the net force
applied on the load generates the acceleration 𝑎 by:
𝑎=

𝐹𝑛𝑒𝑡
𝑚

(6.17)

The velocity 𝑣 is calculated by the integration of the acceleration 𝑎, assuming
initial condition of a = 0.
𝑣=𝑎∙

1
𝑠

(6.18)

The cylinder displacement 𝑙 is calculated by the integration of velocity 𝑣 ,
assuming initial condition of 𝑣 = 0.
𝑙=𝑣∙

1
𝑠

(6.19)

With the displacement 𝑙 , the cylinder chamber volumes 𝑉1 and 𝑉2 can be
calculated by:
𝑉1 = (0.15 + 𝑙)𝐴1

(6.20)

𝑉2 = (0.15 − 𝑙)𝐴2

(6.21)
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So that the load model outputs the velocity 𝑣, friction force 𝐹𝑓 , chamber volume
𝑉1 and 𝑉2, and this model is depicted in Figure 6-21.

Figure 6-21 The load model in Matlab Simulink

The load model block diagram is depicted as in Figure 6-22.

Figure 6-22 The load model block diagram

The final model
Combine all the models in section 6.2 to generate the overall open loop model
of the system as in Figure 6-23, which reflects that this model still utilises the
algorithm of the component linking method. But due to there is no constant
supply pressure to drive the cylinder, the asymmetric cylinder chamber
pressures 𝑃1 and 𝑃2 must be calculated separately in cylinder extending and
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retracting state, the key equations are still referred to the work done by Leaney
[4]. The simulation results will be obtained and discussed in the next chapter.

Figure 6-23 The hybrid pump controlled asymmetric cylinder drive system in Matlab Simulink

Details of this simulation model are depicted in Appendix I.
The overall block diagram when the system in the extending state is depicted
in Figure 6-24.
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Figure 6-24 Block diagram of hybrid pump-controlled asymmetric cylinder system when in the extending

When the system in the retracting state, simply replace the extending valve
model with retracting valve model in Figure 6-18 (b) to model the system in
retracting state.
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Chapter 7
7. Simulation results
Experimental and simulation results

To validate the model proposed in chapter 6 and move forward the nonlinear
research of the hybrid pump-controlled asymmetric cylinder drive system, open
loop simulation and experimental results of the test rig are utilised for
nonlinearities analysis and model validation.
The experimental tests are carried out in open loop to explore the system
nonlinear behaviours and performance, the simulation results are validated by
the experimental results, so that the model can be used to understand the
causes of these nonlinearities. As a result, the validated system model can be
utilised in energy comparison argument in the next chapter.

Square wave test results analysis

To identify the hybrid pump-controlled performance under steady state, the
square wave tests are carried out. To ensure the system operates in a steady
state, a low-frequency square wave of 0.2 Hz command is sent to the system.
The command was sent to the motor drive as the voltage form, then the pump
operates at a certain velocity with a certain ratio. As the structure of the
asymmetric cylinder, the piston side area 𝐴1 is larger than the rod side area 𝐴2 ,
when the same flow rate is delivered to the cylinder chambers, the cylinder will
be retracting faster than extending. So that a bias is required to add to the
command to perform a symmetric motion on the asymmetric cylinder.
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A biased command is sent to the motor drive to achieve a +/- 50 mm/s square
wave motion on the cylinder without added load, its velocity responses are
described as in Figure 7-1.

+mm/s extending

Stall motion

-mm/s retracting

Figure 7-1 Experimental results of +/- 50mm/s square wave cylinder motion without added load

The experimental results can be observed with a lot of spikes, this may be
caused by multiple reasons. The velocity is obtained by the derivative of the
displacement data recorded by a low-cost potentiometer, the displacement data
is processed with a low pass filter to attenuate the noise, and such real-time
signal process model is depicted in Appendix I.
The low pass filter suppresses most of the high-frequency background noise
with a cut off frequency of 5Hz, but still leaves some oscillations in displacement
data, hence after the integral such oscillation is amplified as velocity spikes in
Figure 7-1. The potentiometer is attached to the cylinder by tapes, the vibration
may also cause the spikes during recording.
It can be noticed that when the asymmetric cylinder in the extending state, the
velocity responds faster to the command than that in the retracting state. As the
cylinder is driven by the chamber pressures 𝑃1 and 𝑃2 , such a phenomenon
must relate to the pressures. Observe the chamber pressures measured by the
pressure transducer as in Figure 7-2.
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Retracting

Extending

Figure 7-2 Asymmetric cylinder chamber pressures P1 and P2 when in +/- 50 mm/s square wave motion
without added load

The same phenomenon is observed as in the above figure, the pressure
responses when the cylinder in the extending is faster than that in the retracting.
This difference can be interpreted by the design of the return line in the hybrid
pump controlled asymmetric cylinder drive system as in Figure 7-3:

Return line

Safety relief valve
Needle valve

Figure 7-3 Return line of the hybrid pump controlled asymmetric cylinder drive system

The safety relief valve is set at 200 bar pre-setting, so that it is closed during
normal system operation. The needle valve is manually adjusted and remains
the same no matter cylinder extending or retracting, so that flow pressure
equation for the return line can be written as:
When extending in steady state:
2
𝑄𝑟𝑒𝑡𝑢𝑟𝑛 = 𝐴2 𝑣 = 𝐶𝐷 𝐴𝑣𝑛 √ √𝑃2
𝜌

(7.1)

where 𝐴𝑣𝑛 is the valve opening area of the manually adjusted needle valve [𝑚2 ].
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When retracting in steady state:
2
𝑄𝑟𝑒𝑡𝑢𝑟𝑛 = 𝐴1 𝑣 = 𝐶𝐷 𝐴𝑣𝑛 √ √𝑃1
𝜌

(7.2)

With a certain cylinder velocity 𝑣 , there existing corresponding chamber
pressures 𝑃1 and 𝑃2 . Rearrange the equation 7.1 and 7.2 reveals:
𝐴2 √𝑃2
=
𝐴1 √𝑃1

(7.3)

The 𝑃2 in equation 7.2 is the rod side chamber pressure steady state value
when cylinder extending, and the 𝑃1 in equation 7.2 is the piston side chamber
pressure when cylinder in the retracting state. So that when the cylinder
chamber is connected to the return line, the piston chamber pressure 𝑃1 will
always larger than the rod side chamber 𝑃2 .
Meanwhile, in order to achieve the force balance in steady state (neglect the
friction force here for the ease of analysis), so that:
When extending 𝑃1_𝑒𝑥𝑡𝑒𝑛𝑑𝑖𝑛𝑔 𝐴1 = 𝑃2_𝑒𝑥𝑡𝑒𝑛𝑑𝑖𝑛𝑔 𝐴2
When retracting 𝑃1_𝑟𝑒𝑡𝑟𝑎𝑐𝑡𝑖𝑛𝑔 𝐴1 = 𝑃2_𝑟𝑒𝑡𝑟𝑎𝑐𝑡𝑖𝑛𝑔 𝐴2
𝐴

And based on 𝐴2 =
1

√𝑃2_𝑒𝑥𝑡𝑒𝑛𝑑𝑖𝑛𝑔
√𝑃1_𝑟𝑒𝑡𝑟𝑎𝑐𝑡𝑖𝑛𝑔

Revealing that when the cylinder extending and retracting at the same velocity,
the 𝑃2_𝑟𝑒𝑡𝑟𝑎𝑐𝑡𝑖𝑛𝑔 is much larger than the 𝑃1_𝑒𝑥𝑡𝑒𝑛𝑑𝑖𝑛𝑔 , this is a major nonlinear
character of the asymmetric cylinder drive system. Hence, due to this character,
when retracting the pump line needs more time to build a higher pressure like
𝑃2_𝑟𝑒𝑡𝑟𝑎𝑐𝑡𝑖𝑛𝑔 , so that the time constant of pressure response is larger, leads to
the phenomenon of slower velocity response when retracting like in Figure 7-1.
Another phenomenon in the square wave test is stall motion as labelled in
Figure 7-1, the cylinder will be stationary for a short amount of time when the
cylinder is switching its state from extending to retracting or from retracting to
extending. Zoom in the stall motion as in Figure 7-4.
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Stall motion

Figure 7-4 Zoom in the stall motion when the cylinder switch its state

The stall motion occurs in every period of square wave motion, though the stall
motion in Figure 7-4 should be stationary (a short horizontal line), it appears as
a jerky oscillation, which may be caused by the potentiometer that attached to
the cylinder by tapes. Such set up is not perfectly stable and can lead to such
a problem. During experimental operation, when the cylinder changes its
direction, it will be stationary for a very short amount of time then moves to its
target direction. In theory, there should have two factors that cause this
phenomenon:
•

Stiction friction.

•

Pressure charging process in the pipeline.

The stiction friction happens when the velocity is low, and it is relatively larger
than the pressure difference on both sides of the cylinder piston. However,
when the cylinder is stalled, the pressure in the pipeline keeps accumulating
and increasing until the pressure difference 𝑃𝑒 overcomes the stiction friction.
Another factor is the pressure charging process, when the pump changes its
operation direction, the pressure in pipeline needs to be recharged to drive the
pilot shifted four-way valve to create a pathway. For instance, when the pump
changes its direction from counterclockwise to clockwise as in Figure 7-5, the
charge pressure in the retracting line starts to decline. Meanwhile, the charge
pressure in the extending line starts to accumulate. This process is short, but
due to the design of this circuit, the stall motion in Figure 7-4 is inevitable.
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Figure 7-5 Cylinder change its direction from retracting to extending

Based on the difference of response time constants in the extending and
retracting, the cylinder displacement in this +/- 50 mm/s symmetric velocity
square wave test is also differing from prediction. The asymmetric cylinder
displacement test results are depicted as in Figure 7-6.

Stationary

Figure 7-6 Asymmetric cylinder displacement test results under +/- 50 mm/s square wave motion

Two phenomena can be found from Figure 7-6, the first one is same as the stall
motion in Figure 7-4, a short time of cylinder stationary occurs at each of the
displacement curve peak and bottom place. The other one is the trending of
extension, the cylinder moves back and forth, but it is gradually extending to
the cylinder stroke end.
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The cylinder stationary can be interpreted the same as the reason of stall
motion in Figure 7-4. The trending of extending can be explained within the
Figure 7-7, the shadow area in it is the difference between the command and
experimental velocity results. Less shadow area in the extending than that in
the retracting state.

Figure 7-7 The error area between command reference and experimental results

If the system is able to follow the command reference velocity perfectly, the
cylinder displacement will back and forth perfectly without bias to extending or
retracting end. However, a perfect system does not exist, errors will occur
between the outcome and command reference. When the cylinder is retracting,
the velocity response time constant is larger, so that the error area in the
retracting state is larger than that in the extending state. As a result, under the
symmetric square wave velocity command, the asymmetric cylinder will
gradually extend to the stroke end.
In chapter 5, a new friction model is proposed, in which the friction force is not
only related to the velocity, but also the chamber pressure difference and
acceleration. The experimental friction results are obtained by:
𝑃1 𝐴1 − 𝑃2 𝐴2 − 𝑚 ∙ 𝑎 = 𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛 𝑓𝑜𝑟𝑐𝑒

(7.4)

where 𝑎 is the acceleration, which is obtained by the derivative of the measured
velocity.
The experimentally measured friction force results are depicted in Figure 7-8,
similar to the velocity results and chamber pressure results, the friction force
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results also have a smaller time constant when getting into extending state than
that getting into retracting state. This difference is due to the friction in this
hybrid pump-controlled asymmetric cylinder drive system is related to the
chamber pressure difference, and the time constant of chamber pressures
response is smaller in the retracting state as in Figure 7-2.

Figure 7-8 Measured friction force under cylinder +/- 50 mm/s square wave motion without added load

Meanwhile, though the test velocity is symmetric +/- 50 mm/s, the absolute
value of friction force in the retracting is noticeably smaller than that in the
extending. This phenomenon can be interpreted by equation 7.4, when the
cylinder in the extending or retracting steady state, the acceleration 𝑎 in
equation 7.4 is zero. Though the absolute pressure difference 𝑎𝑏𝑠(𝑃1 − 𝑃2 ) in
the retracting is larger, with the influence of piston and rod side area 𝐴1 and 𝐴2 ,
the absolute value of 𝑃1 𝐴1 − 𝑃2 𝐴2 is still smaller in the retracting.
These square wave experimental results describe the nonlinearities of the
hybrid pump-controlled asymmetric cylinder drive system, there are some
similar characters to the valve-controlled asymmetric cylinder drive system, like
the pressure jump when cylinder switch its state, this nonlinearity is due to the
structure of asymmetric cylinder. Some other nonlinear behaviours like stall
motion and different time constant are unique in the hybrid pump-controlled
system. The square wave tests are to explore the system performance in a
steady state, its dynamic performance will be discussed in the next section.
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Sine wave test results analysis

To identify the dynamic performance of the hybrid pump-controlled asymmetric
cylinder drive system, the sine wave test is implemented. A sine wave
command signal is sent to the pump to drive the velocity of the asymmetric
cylinder in a sine wave motion.
Same as the square wave test, due to the asymmetric cylinder structure, the
command signal is biased to achieve the cylinder symmetric motion. The
cylinder velocity test results are described as in Figure 7-9, it is commanded to
achieve a 0.2 Hz +/- 50 mm/s sine wave motion.

Stall motion

Figure 7-9 +/- 50 mm/s sine wave velocity motion test results

The most noticeable phenomenon is the stall motion time labelled in Figure 7-9
is much larger than that in square wave motion, there are two factors that affect
this character:
•

Stiction friction.

•

Pressure charging process in the pipeline.

The reason is the same as that in square wave motion. When the cylinder
velocity switches its direction, the square wave motion increases velocity to a
certain value almost instantaneously, but the sine wave gradually increases its
velocity to peak value. So that the motor charges the pipeline slower when in
sine wave motion, leads to a larger amount of time of zero velocity gap in Figure
7-9.
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The system components behaviours of the stall motion can be analysed by the
performance of chamber pressures during operation as in Figure 7-10, it is
more complicated than the chamber pressures when cylinder in a square wave
motion.

Stall motion

Retracting

Extending
(b)

(a)

Velocity & command

Chamber pressures

Figure 7-10 The chamber pressures P1 and P2 in cylinder sine wave +/- 50mm/s motion without added
load

Overall, the chamber pressures performances’ characteristics are similar
between the sine wave and square motion, the piston chamber pressure 𝑃1
when cylinder in the retracting state is larger than the rod chamber pressure 𝑃2
when cylinder in the extending state. Due to the force balance, the rod chamber
𝑃2 when cylinder in reacting is much larger than the piston chamber pressure
𝑃1 when cylinder in the extending state.
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Extending

Retracting

Figure 7-11 Proposed hybrid pump controlled asymmetric cylinder drive system in (a) extending and
(b) retracting state

The velocity stall motion in sine wave test in Figure 7-10 can be analysed as:
•

The first labelled stall motion zone occurs after cylinder getting into
retracting state, a short time before this stall motion, chamber pressures
𝑃1 and 𝑃2 increasing until the stall motion starts. This can be interpreted
as that the four-way valve in the system returned to its neutral position,
relief valve 1 opened and relief valve 2 closed. The pump still delivers
fluid into the piston chamber and the fluid in the rod side chamber cannot
be released. So that both chamber pressures 𝑃1 and 𝑃2 are increasing
in this state. When the pump starts to deliver fluid into rod side chamber
(in reacting state), the four-way valve in the retracting state, the relief
valve 1 closed and relief valve 2 opened as in Figure 7-11 (b). So that
the chamber pressure 𝑃2 starts to increase and the fluid in the piston
chamber can be released to the tank.
Due to the existing of friction, the cylinder stays stationary until the
chamber pressure difference is large enough to overcome the friction
force.

•

The second labelled stall motion occurs when the cylinder at the end of
the retracting state and the start of extending state. At the end of
retracting state, the four-way is in the neutral position, relief valve 1 is
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closed and relief valve 2 is opened. As the cylinder is in stationary, the
stiction friction force is involved and chamber pressure 𝑃2 is not large
enough to overcome the friction force, so that the chamber pressure 𝑃1
is not change during the end of retracting. By then the four-way valve is
still in the neutral position, relief valve 1 is opened and relief valve 2 is
closed. The chamber pressure 𝑃1 starts to increase due to the pump
starts to deliver fluid into the piston side chamber, but the chamber
pressure 𝑃2 increases due to the rod side chamber is not connected to
the tank.
At last, the four-way valve is in the extending state, the relief valve 1 is
opened and relief valve 2 is closed as in Figure 7-11 (a), the cylinder
stays stationary until the chamber pressure difference overcomes the
friction force.

Stationary

Figure 7-12 Measured cylinder displacement when it in +/- 50 mm/s sine wave motion

The cylinder displacement experimental results when it is in +/- 50 mm/s is
depicted in Figure 7-12, it has the same trending of extending to the stroke end
after it moves back and forth, the causes are the same as in the last section
and not necessary to repeat here. Its stationary time interval is noticeably larger
than that of square wave motion, it can be interpreted with the same factors:
•

Stiction friction.

•

The pressure charging process in the pipeline.
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As the character of the sine wave motion, when it is changing its direction, the
velocity is slow and leads to the charging process requires more time than that
of square wave motion test.
The friction plays an important role in above nonlinearities, the value of friction
force during this sine wave operation is depicted as in Figure 7-13, the friction
spikes occur at the stall motion zone, indicates the stiction friction force is one
of the reasons that the cylinder will be stationary for a short time when it
changes its state.

Figure 7-13 Measured friction force when cylinder in +/- 50mm/s sine wave motion

This section describes the experimental results when the hybrid pumpcontrolled asymmetric cylinder drive system performs the +/- 50 mm/s sine
wave, the stall motion time in sine wave test is longer than that in square wave
time. Based on the analysis of chamber pressures, the valve operation during
cylinder stall motion is discussed. The measured friction force proves the
stiction friction force is one of the reasons for the cylinder stall motion. The
dynamic performance of the hybrid pump-controlled system is analysed in this
section, these results will be used to validate the simulation model results in the
next section.
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Simulation results

This section depicts the open loop simulation results of the system model in
chapter 6, they are compared with experimental results to validate its
consistency, so that the model can be utilised in chapter 8 and further research.

7.3.1 Square wave simulation results
Starts with square wave simulation, the +/- 50mm/s velocity simulation results
are compared with experimental results as in Figure 7-14.

(a)

Simulation velocity

(b)

Experimental velocity

Figure 7-14 Square wave velocity simulation and experimental results (+/-50 mm/s square wave)

The stall motion in simulation is easier to be identified, the different velocity
response time constant is captured by the simulation model.
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As the chamber pressures drive the cylinder to accomplish its target motion,
the simulation results of chamber pressures are compared with experimental
results as in Figure 7-15

Retracting

Extending

(a)

Simulation pressures

(b)

Measured pressures

Figure 7-15 Square wave chamber pressures simulation results and experimental results (+/-50 mm/s
square wave)

Overall, the simulation results capture the behaviours of experimental chamber
pressures, the difference in simulation is the result of numerical calculation
which will occur when the valve switching its direction.
As proposed by the new friction model in chapter 5, the friction on the cylinder
piston is not only affected by velocity, but also the chamber pressure difference.
The friction simulation results of the new friction model based on the simulation
chamber pressures and velocity are compared with experimentally measured
friction force as in Figure 7-16. The new friction model simulation result shows
consistency with the experimental result.
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spikes

(a)

Simulation friction force

(b)

Experimental measured friction force

Figure 7-16 Friction force simulation results and experimental results when cylinder in square wave
motion (+/-50 mm/s square wave)

This section validated the simulation model performance when the hybrid
pump-controlled asymmetric cylinder drive system in square wave motion,
some numerical calculation leads to the spikes in Figure 7-16, but the overall
model simulation results show the consistency with the experimental results.
So that the simulation model proposed in chapter 6 is validated when the
system is operating in a steady state, the dynamics performance of the model
will be validated in the next section.
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7.3.2 Sine wave simulation results
This section describes and analyses simulation results when the asymmetric
cylinder is operating a +/- 50 mm/s sine wave motion, the simulation results and
experimental results are compared as in Figure 7-17.

(a)

(b)

Simulated velocity

Experimental measured velocity

Figure 7-17 Velocity simulation and experimental results when cylinder in sine wave motion

Similar to the square wave test, the velocity oscillation is caused by the
measurement data from the low-cost potentiometer. The velocity spike when
cylinder switch from retracting to extending is captured by the simulation model,
but not that obviously as experimental results, the larger stall motion when
cylinder change its direction in experiment test is simulated by the model.
Though the velocity spike when cylinder switches from extending to retracting
in the experimental test is not captured by simulation results, it can be regarded
as a transient effect and not affect the overall model performance consistency
with the experimental results.
146

The chamber pressures are the power source to drive the asymmetric cylinder,
the velocity response of the hybrid pump-controlled system is complicated as
in Figure 7-17, the experimental chamber pressures results should describe
more unexpected dynamics. The system chamber pressures simulation and
experimental results are depicted as in Figure 7-18.

Retracting

Extending

(a)

Command signal

(b)

Simulated pressures

(c)

Experimental measured pressures

Figure 7-18 Simulation and experimental results of chamber pressures when cylinder in sine wave
motion

The chamber pressures simulation results capture most of the dynamics of the
experimental results, the major difference occurs when the stall motion appear,
and this is related to the valves switching mechanism in the hybrid pump147

controlled asymmetric cylinder drive system. The simulation model is to
simulate the realistic system as close as possible, there is no perfect model that
able to predict all the performance of the system. overall, the consistency of
simulation results and experimental is acceptable.
Friction force is one of the most important dynamic responses affecting lowvelocity performance in this system, the simulation results and experimental
measurements are compared as in Figure 7-19. The dynamic behaviours
before and after the velocity reversal are simulated by the model, but the value
of friction force spikes as labelled in Figure 7-19 is not perfectly captured by the
simulation model. The overall simulation performance shows consistency with
experimental results, the spikes can be caused by the valves switching
operations, friction force influence at low velocity or combined.

spikes

(a)

Simulated friction force

spikes

(b)

Experimental measured friction force

Figure 7-19 Friction force simulation and experimental results when cylinder in sine wave motion.

As the new friction model in this simulation model utilised the simulated velocity,
chamber pressures and accelerations from simulation results, due to these

148

differences between simulation and experimental results, the modelled friction
force results depicted in Figure 7-19 do not indeed indicate the accuracy of the
new friction model. If the friction model directly utilises the data from
experimental results like in chapter 5, the simulation results and experimental
results will show much better consistency.

Concluding remarks
This chapter describes and analyses the experimental results of various
parameters of the hybrid pump-controlled asymmetric cylinder drive system,
the square wave test is to explore the system performance when in steady state,
the sine wave test is to analyse the system behaviours in dynamics.
Simulation results in square wave and sine wave are compared with
experimental measurements, the simulation model does demonstrate
correspondence with the overall performance of experimental results, it does
pick up the dynamics before and after the velocity reversal. So that the model
simulates the hybrid pump-controlled asymmetric cylinder drive system can be
utilised for further energy comparison in the next chapter.
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Chapter 8
8. Energy efficiency comparison
Energy efficiency comparison

This hybrid pump-controlled asymmetric cylinder drive system combines the
advantages and disadvantages of both valve-controlled and pump-controlled
hydraulic applications, its performance has been described and analysed in
previous chapters, but its energy efficiency character is not revealed. This
chapter utilises the validated simulation model of the hybrid pump-controlled
system to calculate its energy efficiency during operation and compare it with
that of the valve-controlled system.

Methodology of the energy comparison
Various types of power source are utilised in different hydraulic applications,
and their efficiencies are not the same. Besides, as the valve-controlled system
is not physically existing, the efficiency of its power source is not measurable.
Therefore, the efficiency of the power source is outside the scope of the
efficiency calculation in this chapter.
The proposed hybrid pump-controlled asymmetric cylinder drive system is
depicted in Figure 8-1, all the valves in the system are oversized to reduce the
throttle losses as much as possible. The needle valve is manually adjusted to
reduce the pressure oscillations during operation to improve the system stability
performance, but it introduces some throttle losses to the system. So that the
hybrid pump-controlled asymmetric cylinder drive system includes the
characters of no throttle losses from the pump-controlled only system (energy
efficient) and steady performance from the valve-controlled only system (with
throttle losses).
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Figure 8-1 Proposed hybrid pump controlled asymmetric cylinder drive system

This hybrid pump-controlled asymmetric cylinder drive system stays in the
middle place of the pump-controlled and valve-controlled system, it should be
able to balance the energy efficiency and performance stability. Its performance
has been identified in previous chapters but leaves its energy efficiency
unrevealed. One of the best ways to identify its merits is to compare energy
efficiency with the valve-controlled system.
However, there is no valve-controlled asymmetric cylinder system available in
realistic, and due to the budget limits, it is difficult to measure the power input
of the hybrid pump-controlled system. As both valve-controlled (Moog valve
controlled [39]) and hybrid pump-controlled simulation models have been
validated in previous chapters, the models can be utilised to calculate and
compare their energy efficiencies.
To make two totally different designs comparable, the sizing of the components
of both valve-controlled and hybrid pump-controlled asymmetric cylinder
system must be the same as each other. The design of the valve-controlled
asymmetric cylinder system refers to the Moog valve controlled asymmetric
cylinder drive system [39] as in Figure 8-2 with the proportional control of the
position. But open loop configuration is used in this chapter.
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Figure 8-2 Moog valve controlled asymmetric cylinder system [39]

The asymmetric cylinders and relevant parameters in both valve-controlled and
hybrid pump-controlled system model are set to be the same in this chapter as
in Table 8-1.
Table 8-1 Parameters in both valve and hybrid pump controlled system simulation

Valve and hybrid pump-controlled system simulation parameters
Cylinder
Gravity load
Supply pressure

Piston area 𝐴1

Rod side area 𝐴2

Stroke

8.04 cm2

5.50 cm2

300 mm

20 kg (include tray and piston rod)
70 bar (valve controlled system only)

The energy efficiency is calculated by the ratio of power output to the load and
the power generated by the pump, hence:
For the valve-controlled cylinder drive system, the power input to the system
can be calculated by equation 8.1:
𝑃𝑠 ∙ 𝑄𝑖𝑛 = 𝑃𝑜𝑤𝑒𝑟𝑖𝑛𝑝𝑢𝑡

(8.1)

where 𝑃𝑠 is the supply pressure [𝑁⁄𝑚2 ], 𝑄𝑖𝑛 is the flow rate delivered into the
system [𝑚3 ⁄𝑠] and 𝑃𝑜𝑤𝑒𝑟𝑖𝑛𝑝𝑢𝑡 is the power input of the system [𝑤𝑎𝑡𝑡].
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The flow rate 𝑄𝑖𝑛 delivered to the valve-controlled system is calculated by
different equations for cylinder extending and retracting, during cylinder
extending, the 𝑄𝑖𝑛 is the flow rate delivered to the piston side chamber, so that
it revealed by:
2
𝐶𝐷 √ 𝐴𝑣 √𝑃𝑠 − 𝑃1 = 𝑄𝑖𝑛
𝜌

(8.2)

During the cylinder retracting, the 𝑄𝑖𝑛 is the flow rate delivered into the rod side
chamber, it revealed by:
2
𝐶𝐷 √ 𝐴𝑣 √𝑃𝑠 − 𝑃2 = 𝑄𝑖𝑛
𝜌

(8.3)

The instantaneous power output of the valve-controlled system in the extending
and retracting is calculated by equation 8.4:
𝑣 ∙ 𝑃𝐿𝐸 ∙ 𝐴𝐸 = 𝑃𝑜𝑤𝑒𝑟𝑜𝑢𝑡𝑝𝑢𝑡

(8.4)

where 𝑣 is the velocity of the asymmetric cylinder [𝑚⁄𝑠], 𝑃𝐿𝐸 is the effective load
pressure [𝑁⁄𝑚2 ] and 𝐴𝐸 is the effective area of the cylinder [𝑚2 ].
For the hybrid pump-controlled asymmetric cylinder drive system, the power
input to the system is revealed by equations 8.5 and 8.6:
When cylinder in the extending state, the input power is calculated by:
𝑃𝑠1 ∙ 𝑄𝑝 = 𝑃𝑜𝑤𝑒𝑟𝑖𝑛𝑝𝑢𝑡

(8.5)

When cylinder in the retracting state, the input power is calculated by:
𝑃𝑠2 ∙ 𝑄𝑝 = 𝑃𝑜𝑤𝑒𝑟𝑖𝑛𝑝𝑢𝑡

(8.6)

where 𝑃𝑠1 is the charging pressure in the pipeline when cylinder extending
[𝑁⁄𝑚2 ], 𝑃𝑠2 is the charging pressure in the pipeline when cylinder retracting
[𝑁⁄𝑚2 ] and the 𝑄𝑝 is the flow rate generate by pump [𝑚3 ⁄𝑠].
The power output of the hybrid pump-controlled system is calculated by
equation 8.7
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When the cylinder in the extending and retracting state, the instantaneous
output power is:
𝑣 ∙ (𝑃1 𝐴1 − 𝑃2 𝐴2 ) = 𝑃𝑜𝑤𝑒𝑟𝑜𝑢𝑡𝑝𝑢𝑡

(8.7)

where 𝑃1 and 𝑃2 are independently simulated [𝑁⁄𝑚2 ] and they indicate piston
side chamber pressure and rod side chamber pressure respectively.
Equations 8.4 and 8.7 are equal as:
𝑣 ∙ (𝑃1 𝐴1 − 𝑃2 𝐴2 ) = 𝑣 ∙ 𝑃𝐿𝐸 ∙ 𝐴𝐸 = 𝑃𝑜𝑤𝑒𝑟𝑜𝑢𝑡𝑝𝑢𝑡

(8.8)

The 𝑃𝐿𝐸 is effective load pressure that can be directly obtained from valve
controlled system model simulation, while chamber pressures 𝑃1 and 𝑃2 are
directly obtained from the hybrid pump-controlled system model simulation.

Energy efficiency comparison

To compare the energy efficiency between the valve-controlled and the hybrid
pump-controlled asymmetric cylinder drive system, the validated valvecontrolled and hybrid pump-controlled simulation models are utilised to
calculate the energy efficiency, relevant parameters and calculation methods
are revealed in the last section.
The components’ sizing of the valve-controlled system is consistent with the
hybrid pump-controlled system, their energy efficiencies are calculated with noload and loaded conditions. In the no-load condition, the output power should
only be affected by friction. In the loaded condition, assuming the asymmetric
cylinder is placed vertically and there is a 20kg gravity load constantly applied
on the cylinder, its output power is affected by the gravity load and friction.

8.2.1 +/-50 mm/s motion energy simulation without load
This section starts with the energy power efficiency calculation of the valvecontrolled asymmetric cylinder drive system without load, a command signal is
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sent to the system to achieve a +/- 50 mm/s square wave motion. The energy
input and output power simulation results are described as in Figure 8-3.

Retracting

Extending

Figure 8-3 Energy input and output of valve controlled system when cylinder under +/-50 mm/s square
wave without load

The blue curve is the power generated by the pump and the orange curve
depicts the output power applied on the cylinder. It can be observed that the
power input during cylinder extending is higher than that during retracting,
which is due to the piston side area 𝐴1 is larger the rod side area 𝐴2 . In order
to implement the +/- 50 mm/s square wave cylinder motion, higher flow rate
must be delivered to the piston side chamber to achieve the same velocity when
cylinder is retracting. As the supply pressure 𝑃𝑠 is a constant, the input power
during cylinder extending will be larger than that during retracting.
The orange curve output power in Figure 8-3 is not clear to be observed, the
scale difference between input and output power is too large. To make the
output power curve analysable, its curve is depicted in Figure 8-4.

Retracting

Extending

Figure 8-4 Output power of the valve controlled system under +/-50 mm/s square wave without load
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The output power in retracting is larger than that in extending as depicted in
Figure 8-4, this difference is due to the existing of the new friction model. In
chapter 5, pressure difference term is introduced into the new friction model,
the pressure difference of the valve-controlled system simulation is depicted in
Figure 8-5.

Retracting

Extending
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Figure 8-5 Pressure difference of valve controlled system simulation under +/-50 mm/s square wave
without load

It can be observed that the pressure difference in the retracting state is much
larger than that in the extending state, leads to larger friction force when the
cylinder in the retracting state. Therefore, the system will output more power to
overcome friction in retracting state as in Figure 8-4.
The input and output power curves in Figure 8-3 are to analyse the valvecontrolled system energy efficiency under steady states. To identify its energy
efficiency performance in dynamic, a sine wave signal is sent to the system to
achieve the +/- 50 mm/s sine wave motion on the cylinder, its input and output
power curves are depicted in Figure 8-6.

156

Extending

Retracting

Figure 8-6 Power input and output when valve controlled system in a sine wave motion under
+/-50 mm/s square wave without load

The input and output power curves show similar characters to the curves when
the cylinder in square wave motion, the peak power input when cylinder in
extending state is larger than that when the cylinder in retracting state, this
difference can be recognised as an inherent character when a valve-controlled
asymmetric cylinder drive system is operating at a symmetric motion.
The detailed output power is still not observable in Figure 8-6 and it is depicted
as in Figure 8-7.
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Retracting

Figure 8-7 Output power curve when valve controlled system in a sine wave motion under
+/-50 mm/s square wave without load

The peak output power in the retracting state is larger than that in the extending
state as depicted in Figure 8-7, this phenomenon can be interpreted by the
same reason as the square wave simulation in Figure 8-4. The time duration of
retracting state is longer than that of the extending state as depicted in Figure
8-8, which is caused by the biased sine wave command signal. There are nonsmooth parts when the velocity changes its direction, which is caused by the
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underlap region in the Moog four-way valve in the valve-controlled system. As
the valve is partially opened during operation, the underlap region in the
cylinder extending state occupies 23% and 16% when the system in the
retracting state.

Extending

Retracting

Non-smooth

Figure 8-8 Valve-controlled system cylinder velocity in sine wave motion under +/-50 mm/s square wave

For the hybrid pump-controlled asymmetric cylinder drive system, a signal is
sent to the system to achieve a +/- 50 mm/s square wave motion, its input and
output power curves are depicted as in Figure 8-9.

Figure 8-9 Input and output power of the hybrid pump-controlled system when cylinder in +/-50 mm/s
square wave motion

The orange curve is the input power when the cylinder is retracting, the blue
curve is the input power when the cylinder is extending, the black curve is the
output power. Compare with the curves in Figure 8-3 of the valve-controlled
system, the energy efficiency of the hybrid pump-controlled system is much
better, but the energy input response time constant of the hybrid pumpcontrolled system is larger than the valve-controlled one.
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The energy power input when the cylinder in the extending state is still higher
than that when the cylinder in the retracting state, which can be observed in
both Figure 8-3 and Figure 8-9. But a difference can be found in the output
power curve, when the cylinder in the extending state the output power of hybrid
pump-controlled system is larger than that in the retracting state. As there is no
load applied, the output power is only utilised to overcome the friction force.
The difference is caused by the friction force, the new friction model includes
pressure difference square term and the pressure difference in Figure 7-15 is
not as large as that of the valve-controlled system in Figure 8-5, so that the
Coulomb and stiction friction force term in equation set 5.14 dominate the
overall friction force.
To make this argument clear, the steps are given as below to analyse the
boundary condition that when the output power of extending and retracting are
equal.
•

As the output power is determined by the friction force, the output power
is decided by

𝐹𝑓𝑠𝑠 = 𝐹𝐶 + (𝐹𝑠 − 𝐹𝑐
•

𝑣 𝛼
−| |
𝑣
)𝑒 𝑠

+ 𝐾(𝑃1 − 𝑃2 )2 𝑣

(8.9)

For +/-50 mm/s square wave motion, if the extending and retracting
friction force is equal, the pressure difference values must satisfy:
110 + 21.27 + 2.5 × 10−8 𝑃𝑑𝑒𝑥𝑡𝑒𝑛𝑑 2 × 0.05
= 80 + 32.5 + 4 × 10−9 𝑃𝑑𝑟𝑒𝑡𝑟𝑎𝑐𝑡 2 × 0.05

•

Rearrange it into
9.385 × 1010 + 6.25𝑃𝑑𝑒𝑥𝑡𝑒𝑛𝑑 2 = 𝑃𝑑𝑟𝑒𝑡𝑟𝑎𝑐𝑡 2

•

(8.10)

(8.11)

If the pressure differences are not satisfied in above equation, the output
power in the extending and retracting will not be equal, either of them
can be larger due to the pressure difference values in both conditions.

•

For instance, substituting the pressure difference in Figure 8-5 reveals
2

9.385 × 1010 + 6.25(4 × 105 ) < (20 × 105 )

2

(8.12)
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•

So that the absolute value of friction force in the valve-controlled system
retracting state is larger than that in the extending state, furthermore, the
valve-controlled system will consume more energy in the retracting state
than that in the extending state. The same algorithm is able to apply to
the hybrid pump-controlled system.

For the energy efficiency of the hybrid pump-controlled system in dynamics, a
signal is sent to the system to achieve a +/- 50 mm/s sine wave motion, its input
and output power performance curves are described as in Figure 8-10.

Figure 8-10 Input and output power when the hybrid pump-controlled system in a +/-50 mm/s sine wave
motion without load

A similar situation in Figure 8-10 is found when compared with Figure 8-6, more
input power is required to achieve the same velocity in cylinder extending state
than that when cylinder is retracting. Its energy efficiency is no doubt much
better than the valve-controlled asymmetric cylinder drive system.
The results in above figures are simulated with +/-50 mm/s square wave and
sine wave cylinder motion operation without any load. This velocity is relatively
slow, and the energy efficiency of the valve-controlled system is very poor
compared to the hybrid pump-controlled system at this speed, its energy
efficiency may improve with higher speed. Hence, a +/-100 mm/s simulation
test is carried out.

8.2.2 +/-100 mm/s motion energy simulation without load
For the valve-controlled system, its energy efficiency under +/-100 mm/s square
wave motion without load is depicted in Figure 8-11.
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Retracting

Extending

Figure 8-11 Input and output power of valve controlled system under cylinder +/- 100 mm/s square wave
motion without load

The shape of input power is similar to that in Figure 8-3, but its value is almost
doubled. The difference can be explained by equation 8.1, in which the supply
pressure 𝑃𝑠 is a constant, and the double velocity will lead to the double flow
rate 𝑄𝑖𝑛 , thus, the input power is almost doubled.
The output power is depicted as in Figure 8-12, it is about four times larger in
the retracting state compared to the output power in Figure 8-4. A higher
velocity leads to a larger pressure difference in the retracting state, the friction
force is amplified by the squared pressure difference term in the new friction
model, which leads to the increase of the output power in the retracting state is
larger than that in the extending state.
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Figure 8-12 Simulated output power of valve controlled system when cylinder in +/- 100 mm/s square
wave motion without load

A similar phenomenon can be observed when the valve-controlled asymmetric
cylinder drive in +/- 100 mm/s sine wave motion as in Figure 8-13 and Figure
8-14.
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Figure 8-13 Power input and output of the valve controlled system when cylinder in +/- 100 mm/s sine
wave motion

Extending
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Figure 8-14 Power output of the valve controlled system when cylinder in +/- 100 mm/s sine wave motion
without load

For the hybrid pump-controlled asymmetric cylinder drive system, when it is
operating at +/-100 mm/s square wave motion, its input and output power
curves are simulated as in Figure 8-15.

Figure 8-15 Power input and output of hybrid pump controlled system in +/-100mm/s square wave
motion without load
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Its energy input and output power when cylinder in +/-100 mm/s sine wave
motion is revealed in Figure 8-16.

Figure 8-16 Power input and output of hybrid pump controlled system in +/-100mm/s sine wave motion
without load

It can be noticed that the power input in +/-100 mm/s motion is larger than that
in +/-50 mm/s motion (more than double times), this phenomenon is caused
by the very small pipe volume in the charging pipeline, and a larger pump flow
𝑄𝑃 will leads to a higher charge pressure.
The energy efficiency is calculated by 𝑂𝑢𝑡𝑝𝑢𝑡 ⁄𝐼𝑛𝑝𝑢𝑡 , the power consumption
is the area between the power curves and time axis, so the systems energy
efficiencies without load are calculated as in Table 8-2
Table 8-2 Energy efficiency comparison without load

Valve-controlled system energy efficiency
Sine wave

3.70 %

Square wave

4.16 %

Sine wave

7.39 %

Square wave

8.59 %

+/- 50 mm/s

+/- 100 mm/s
Hybrid pump-controlled system energy efficiency
Square wave

24.15 %

Sine wave

24.65 %

Sine wave

13.97 %

Square wave

14.6 %

+/- 50 mm/s

+/- 100 mm/s
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Observe the results of the valve-controlled system in Table 8-2, the energy
efficiency increased with higher velocity. The valve opening area during
operation must be increased to achieve a higher velocity, so that the throttle
losses in the valve-controlled system is decreased.
A reversal phenomenon is found in the hybrid pump-controlled system, its
energy efficiency decreases with increased velocity. The efficiency decreasing
can be interpreted as that the pump must deliver higher flow rate into the
cylinder chambers to increase the cylinder velocity. But due to the relief valve
is placed between the charging pipeline and cylinder chamber, a higher flow
rate will lead to higher throttle losses. The same situation occurs in the needle
valve in the return line.

8.2.3 +/-50 mm/s motion energy simulation with load supported
against gravity
As no-load condition is rare and unrealistic, energy efficiency simulations with
20kg weight are carried out in this section. This section starts with the energy
power efficiency calculation of the valve-controlled asymmetric cylinder drive
system with a gravity load, a command signal is sent to the system to achieve
a +/- 50 mm/s square wave motion. The energy input and output power
simulation results are described as in Figure 8-17.
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Figure 8-17 Energy input and output of valve controlled system when cylinder under +/-50 mm/s square
wave with 20kg gravity load

164

The input power of the loaded valve-controlled system is the same as that in
the no-load valve-controlled system. But the output power in the extending state
is larger than that in the retracting state as in Figure 8-18.
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Figure 8-18 Output power of the valve controlled system under +/-50 mm/s square wave with 20kg
gravity load

This difference is due to the gravity load having a force direction downwards
when the cylinder is in the retracting state. Therefore, smaller output power is
required to drive the cylinder. When the cylinder is extending, more power is
used to overcome the gravity load and friction force. The pressure difference of
the valve-controlled system is simulated in Figure 8-19.
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Figure 8-19 Pressure difference of valve controlled system simulation under +/-50 mm/s square wave
with 20kg gravity load

The pressure difference in above figure is similar to that in Figure 8-5, but the
chamber pressure 𝑃1 in Figure 8-19 is larger than that in Figure 8-5. This
outcome is caused by the gravity load on the system. Therefore, the chamber
pressure 𝑃1 must provide the necessary force to support the load. When the
loaded system is extending, the chamber pressure 𝑃2 in Figure 8-19 is smaller
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than that in Figure 8-5, and this phenomenon is still caused by the gravity load.
Therefore, a smaller pressure 𝑃2 is required to balance the force on the cylinder.
To identify the dynamic energy efficiency performance in the valve-controlled
system with load supported against gravity, a sine wave signal is sent to the
system to achieve the +/- 50 mm/s sine wave motion on the loaded cylinder. Its
input and output power curves are depicted in Figure 8-20.

Extending

Retracting

Figure 8-20 Power input and output when valve controlled system in a sine wave motion under
+/-50 mm/s square wave with 20kg gravity load

The input power curve is the same as that in Figure 8-6, but its output power in
the extending is larger than that in the retracting state. The reason is the same
as that in the square wave test with load supported against gravity. The detailed
output power is still not observable in Figure 8-20, and the output power is
depicted as in Figure 8-21.
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Figure 8-21 Output power curve when valve controlled system in a sine wave motion under
+/-50 mm/s square wave with 20kg gravity load
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It can be noticed that a part of the output power curve in the retracting state is
below zero, which is caused by the overrunning issue during the load falling in
the retracting state.
For the hybrid pump-controlled asymmetric cylinder drive system with load
supported against gravity, a signal is sent to the system to achieve a +/- 50
mm/s square wave motion, its input and output power curves are depicted as
in Figure 8-22.

Figure 8-22 Input and output power of the hybrid pump controlled system when cylinder in +/-50 mm/s
square wave motion with 20kg gravity load

Comparing the curves in above figure with those in Figure 8-17, the energy
efficiency of the hybrid pump-controlled system with load supported against
gravity is much better. However, when the hybrid pump-controlled system is
retracting, more oscillations can be observed, which is related to the
overrunning issue.
A +/- 50 mm/s sine wave motion is applied on the loaded asymmetric cylinder
and the input and output power performance curves are described as in Figure
8-23.
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Figure 8-23 Input and output power when the hybrid pump controlled system in a +/-50 mm/s sine wave
motion with 20kg gravity load

Overrunning problem in the retracting state in above figure is observed, which
is similar to that in Figure 8-20.

8.2.4 +/-100 mm/s motion energy simulation with load
supported against gravity
For the loaded valve-controlled system, the input and output power curves in
+/-100 mm/s square wave motion are depicted in Figure 8-24.
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Figure 8-24 Input and output power of valve controlled system under cylinder +/- 100 mm/s square wave
motion with 20kg gravity load

The input power of the loaded test in above figure is the same as that in Figure
8-11. The output power is depicted in Figure 8-25.
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Figure 8-25 Simulated output power of valve controlled system when cylinder in +/- 100 mm/s square
wave motion with 20kg gravity load

The shape of the output power curve in above figure is similar to that in Figure
8-18, but its overall power output is larger due to the higher velocity of the
cylinder.
The input and output power curves of the valve-controlled asymmetric cylinder
drive in the +/-100 mm/s sine wave motion with load supported against gravity
are depicted in Figure 8-26 and Figure 8-27.
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Figure 8-26 Power input and output of the valve controlled system when cylinder in +/- 100 mm/s sine
wave motion with 20kg gravity load
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Figure 8-27 Power output of the valve controlled system when cylinder in +/- 100 mm/s sine wave
motion with 20kg gravity load

The output power in above figure is increased due to the doubled velocity, and
its behaviour is similar to that in Figure 8-21, meanwhile, the overrunning issue
is still observable.
When the hybrid pump-controlled asymmetric cylinder drive system with load
supported against gravity is operating at +/- 100 mm/s square wave motion, its
input and output power curves are simulated as in Figure 8-28.

Figure 8-28 Power input and output of the hybrid pump controlled system in +/-100mm/s square wave
motion with 20 kg gravity load

The energy input and output power curves when the cylinder in +/-100 mm/s
sine wave motion are depicted in Figure 8-29
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Figure 8-29 Power input and output of the hybrid pump-controlled system in +/-100mm/s sine wave
motion with 20kg gravity load

Though the output oscillations in the retracting state is observable, the
overrunning issue is much better compared to that in Figure 8-23. As a higher
cylinder velocity indicates a higher flow rate passing through the needle valve
with a fixed opening area, a higher flow rate will lead to a higher chamber
pressure 𝑃1 . Therefore, a higher velocity in the retracting state can improve the
overrunning problem. The system energy efficiency is calculated as in Table
8-3.
Table 8-3 Energy efficiency comparison with gravity load

Valve-controlled system energy efficiency
Sine wave

2.75 %

Square wave

3.29 %

Sine wave

4.95 %

Square wave

5.88 %

+/- 50 mm/s

+/- 100 mm/s
Hybrid pump-controlled system energy efficiency
Sine wave

24.65 %

Square wave

24.78 %

Sine wave

27.59 %

Square wave

27.14 %

+/- 50 mm/s

+/- 100 mm/s
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Though the gravity load reduces the required output power in the retracting
state, the input power of the valve-controlled system remains the same.
Therefore, the overall energy efficiency of the valve-controlled system with load
supported against gravity is lower compared to the efficiency in the no-load
situation.
As overrunning issue happened in the +/- 50mm/s motion simulation of the
loaded hybrid pump-controlled system, the efficiency calculation will be
inaccurate. So that the analysis and comparison of the efficiency are only based
on the +/-100 mm/s simulation data.
The overall efficiency of the loaded hybrid pump-controlled system in the
+/-100 mm/s motion is higher than the efficiency of the no-load system. The
phenomenon is also caused by the gravity load, which reduces the required
output power in the retracting state. As the pump input power in this hybrid
pump-controlled system can adapt itself to the output power requirement, a part
of the input power can also be saved.
The energy efficiency performance of the hybrid pump-controlled system still
has a massive potential to be optimised, the optimised approach can be
summarised as:
•

Replacing the RBAE relief valve 1 and 2 with oversized unloading valves
or solenoid valves, to reduce their throttle losses in operation.

•

Replacing the DDDC pilot shifted four-way valve with a solenoid valve,
so that the relief valve 1 and 2 in Figure 8-1 can be removed and the
throttle losses in both relief valves can be avoided.

•

For stability purpose, the manually adjusted needle valve can be
optimised with different opening areas under different loading and
cylinder velocity conditions.

Due to the budget limits, the optimised objectives are not applied in this
research, but its performance of the hybrid pump-controlled concept is
evaluated and assessed.
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Conclusion remarks

The first section of this chapter proposed a methodology to calculate the energy
efficiency of the valve-controlled and hybrid pump-controlled asymmetric
cylinder drive systems. As simulation models are validated by experimental
results already, the validate models are utilised to generate the energy power
performance curves.
To make both models comparable, the component sizing parameters in the
valve-controlled system are modified to be the same as those in the hybrid
pump-controlled system. These results indicate that the energy power
efficiency of the hybrid pump-controlled system is no doubt much better than
the valve-controlled system.
The better efficiency is mainly caused by the power input required by the hybrid
pump-controlled system is much less than the valve-controlled system. Though
the valve-controlled system can improve its energy efficiency by reducing its
supply pressure 𝑃𝑠 , the design structure of the hybrid pump-controlled decides
that its energy efficiency will always better than a conventional valve-controlled
system.
The four-way valve in this hybrid pump-controlled system operates the same
as Can Do’s variable supply pressure valve-controlled system [103], in which
the valve only operates in its maximum opening area, and her system achieved
70% improvement in the energy efficiency aspect. But her design circuit is
complicated and the usage of servo valves increases the cost, the hybrid pumpcontrolled system in this research can achieve similar energy efficiency
improvement with much lower cost and simpler design.
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Chapter 9
9. Conclusion and further work
Conclusion and further work

The work that is done in this thesis addresses three major aims: Improve the
modelling of asymmetric cylinder drive system; improve the driving of
asymmetric cylinder system at low speed and velocity reversal; and combine
the advantages of valve-controlled and pump-controlled asymmetric cylinder
drive system for energy efficiency purpose. The findings are highlighted and
further works are given in this chapter.

Conclusions
Several significant achievements are obtained from works done in this thesis,
including the improvement of model simulation time cost, the implementation of
a new friction model and implementation of a hybrid pump controlled
asymmetric cylinder drive system.
Improve the simulation model
The component linking model for a Moog valve-controlled system is originally
constructed in Fortran, it validated here in Matlab Simulink. A further nonlinear
research in the underlap is carried out based on a validated simulation model,
an analytical solution when the valve in the underlap region is implemented to
replace the original numerical solution.
•

The Moog valve-controlled system simulation results in Matlab Simulink
are validated against published results in [4].

•

The chamber pressures behaviour when the valve in the underlap region
is revealed by simulation model in Simulink.
174

•

𝑋 factor is utilised for the generalised concept equations and used in
‘component linking’ method modelling. An analytical solution for 𝑋 factor
when the valve in the underlap region is implemented.

•

For a certain value of area ratio 𝛾, the value of 𝑋 factor is only affected
by the travel percentage.

•

The 𝑋 factor roots distribution is revealed by an equation generated by
Matlab CFTOOL.

•

The analytical solution is approximately 200 times more computationally
efficient than the original numerical solution method.

New friction model
The most suitable friction model for hydraulic application is the LuGre model,
but the model only includes the velocity term. Other factor influences are
investigated, and a new friction model is implemented on current LuGre model.
The simulation results of new friction model are compared with experimental
results in various loads condition.
•

The new friction model produced here introduces additional pressure
difference term and acceleration term in addition to the velocity term of
the original LuGre model.

•

The new friction model shows much better consistency with
experimental results than the original LuGre model.

•

Parameters for the hybrid pump-controlled system are identified with
various tests.

•

Different inertia load conditions only affect the Coulomb friction 𝐹𝐶 and
stiction friction 𝐹𝑆 in the new friction model.

Hybrid pump-controlled asymmetric cylinder drive system
For the energy efficiency purpose, a hybrid pump-controlled system that
combines the advantages of the valve-controlled and pump-controlled system
is implemented. An oversized pilot shifted four-way valve is selected to reduce
the throttle losses and for load holding purpose. Square and sine wave
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experimental tests are carried out, simulation results are compared. Its system
performance and energy efficiency are analysed.
•

The hybrid pump-controlled system is constructed at a low cost, all its
operation is completed passively.

•

The stall motion when cylinder velocity at low and reversal is caused by
valves operation and friction force.

•

The simulation model demonstrates consistency with the overall
performance of the test rig. The experimental dynamics when cylinder
velocity is low and during reversal is captured by the model.

•

The energy efficiency of the hybrid pump controlled asymmetric cylinder
drive is much better than that of the valve-controlled system.

•

The output power of the hybrid pump-controlled and the valve-controlled
system is dominated by the friction force with no load applied.

•

The gravity load can reduce power input and output of the hybrid pumpcontrolled system.

•

Under symmetric cylinder velocity motion, the friction force is not equal
when cylinder in the extending or in the retracting state, which is caused
by the pressure difference term in the new friction model.

Further works

The works presented in this thesis can keep improving and further research not
limiting at:
•

𝑋 factor roots analytical solution when valve in underlap region, the roots
curves combination is the same as the numerically solved one, some
mathematical theory must be able to explain this phenomenon.

•

When the valve in the underlap region, the performance of the valvecontrolled asymmetric cylinder drive system is modelled by simulation,
but the experimental validation needs to be carried out.
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•

The relief valve 1 and 2 can be replaced with two oversized unloading
valves or solenoid valves, so that the throttle losses during operation can
be avoided.

•

For the hybrid pump controlled asymmetric cylinder drive system, the
pilot shifted four-way valve is operated purely mechanically, a solenoid
four-way valve can be used to replace it and the relief valve 1 and 2 can
be removed. So that the system is able to offer better dynamic
performance, this should be able to solve the stall motion problem.

•

The manually adjusted needle valve opening area during operation may
be optimised for a better balance between damping and throttle losses,
this optimisation can be done in simulation first and validate in the
experimental test.

•

A close loop controller can be added to the system, the controller adjusts
the servomotor to control the flow rate and chamber pressures to have
a better system dynamic response.

•

Replace the manually adjusted needle valve with a servo type one. The
servo needle valve opening is adjusted due to the cylinder velocity by
the controller.

•

The new friction model can be further explored to see if the parameters
are affected by different load and oil temperature.
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Appendix I Model in Simulink
Moog servovalve frequency response

Figure A-1 Moog servo valve frequency response

189

Moog valve controlled asymmetric cylinder drive system

Figure A-2 Moog valve controlled asymmetric cylinder drive system

Figure A-3 Valve model
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Figure A-4 Actuator model

Figure A-5 Load model

Figure A-6 Energy input & output
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Hybrid pump controlled asymmetric cylinder drive system

Figure A-7 Hybrid pump controlled asymmetric cylinder drive system model

Figure A-8 Pump model

Figure A-9 Valves model
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Figure A-10 RBAE Relief valve model

Figure A-11 DDDC four-way valve
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Figure A-12 New friction model

Real time control of the hybrid pump-controlled system

Figure A-13 Real time control model
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Appendix II M file for Simulink models
Moog valve controlled system model m files
Solve_x.m
% X factor for valve in underlap region
% underlap region 0.0045mm
function y=solve_x(u)
cd=0.625;
ps=70e5;
kk=0;
d=870;
Av1=7.938*pi*(0.075+u);
Av2=7.938*pi*(0.075-u);
r=11.43/5.8;
options=optimset;
options = optimset(options,'TolX',1e-20);
options = optimset(options,'TolFun',1e-18);
options = optimset(options,'MaxFunEvals',Inf);
ss=@(x)(Av1*(1+r^3-x)^0.5-Av2*x^0.5+(x*ps^0.5*(1r)^2*kk)/((1+r^3)^0.5*cd*(2/d)^0.5)-r*(Av1*(x*r)^0.5-Av2*(1+r^3x*r)^0.5));
if u>= 0.075
y = 1;
end
if u<=-0.075
y = r^2;
end
if u > -0.075 && u< 0.075
y=fsolve(ss,0,options);
end
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x_roots.m
% X factor for valve in underlap region
% underlap region 0.0045mm
function y=generalrootsX(u)
Av1=7.938*pi*(0.0045+u);
Av2=7.938*pi*(0.0045-u);
r=11.43/5.8;
m = (1+r^3)*(Av1/(2*Av2)-Av2*r^2/(2*Av1));
n = (1+r^3)*(Av1/2/Av2-Av2/2/Av1);
p = n^2+1+r^6;
q = 2*m*n+(1+r^5)*(1+r^3);
j = m^2;
a4 = p^2-4*r^6;
a3 = 4*r^5*(1+r)*(1+r^3)-2*p*q;
a2 = (2*p*j+q^2)-4*r^5*(1+r^3)^2;
a1 = -2*q*j;
a0 = j^2;
a = a3/a4;
b = a2/a4;
c = a1/a4;
d = a0/a4;
Z0 = b^2-3*a*c+12*d;
Z1 = 2*b^3-9*a*b*c+27*a^2*d+27*c^2-72*b*d;
S =((Z1+(Z1^2-4*Z0^3)^0.5)/2)^(1/3);
U = a^2/4-2*b/3;
V= S/3+Z0/3/S;
W = (a^3-4*a*b+8*c)/(4*(U+V)^0.5);
X1 = -a/4+(U+V)^0.5/2-(2*U-V-W)^0.5/2;
X2 = -a/4-(U+V)^0.5/2-(2*U-V+W)^0.5/2;
X3 = -a/4+(U+V)^0.5/2+(2*U-V-W)^0.5/2;
X4 = -a/4-(U+V)^0.5/2+(2*U-V+W)^0.5/2;
y(1)=X1;
y(2)=X2;
y(3)=X3;
y(4)=X4;
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qload.m
%General load flow equation
function y=qload(u)
x=u(1);
pl=u(2);
xs=u(3)/1000;
cd=0.625;
ps=70e5;
op1=(0.0000045+xs); %valve open area
op2=(0.0000045-xs);
A1=11.43;
%(32/2000)^2*pi; % Area of bore
A2=5.8;
%((32/2000)^2-(18/2000)^2)*pi; % Area of bore-rod
r=A1/A2;
if op1<0 % simulate the actual valve open area
Av1=0;
else
Av1=7.938e-3*pi*op1;
end
if op2<0;
Av2=0;
else
Av2=7.938e-3*pi*op2;
end
%r=2.1;
const=(cd/(2*870)^0.5)*((1+r)^2/(1+r^3))^0.5;
y=const*(Av1*(x*r*ps-0.5*(1+r)*pl)^0.5-Av2*((1+r^3x*r)*ps+0.5*(1+r)*pl)^0.5);
vt.m
% cylinder total volume
function y=vt(u)
A1=11.43e-4;
%(32/2000)^2*pi; % Area of bore
A2=5.8e-4;
%((32/2000)^2-(18/2000)^2)*pi; % Area of bore-rod
r=A1/A2;
%r=2.1;
xp=u(1);
V1=A1*(0.31+xp);
V2=A2*(0.31-xp);
y=(1+r)*(V2+r^2*V1)/(1+r^3);
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pressure.m
% P1 and P2 equation
function y=pressure(u)
x=u(1);
pl=u(2);
A1=11.43e-4;
%(32/2000)^2*pi; % Area of bore
A2=5.8e-4;
%((32/2000)^2-(18/2000)^2)*pi; % Area of bore-rod
r=A1/A2;
%r=2.1;
ps=70e5;
y(1)=(x*ps+r^2*0.5*(1+r)*pl)/(1+r^3);
y(2)=(x*r*ps-0.5*(1+r)*pl)/(1+r^3);

Hybrid pump controlled system m files
Rlv_1.m
function y=rlv_1(u)
%This is a new version of function describe the dynamic of relief valve
performance in
%the system. The maximum relief valve opening is 2.5mm2, and the fluids in
%the pipeline is 3.5628e-5m3
%This function utlizes the performance curves of RBAE valve to generate
%equations that descrube the flow and pressure.
%Parameters of performance curves

Kv = 8.2864e-08;
Pm = 16062537.571849009668014207263089;
Qm = Kv*sqrt(Pm);
Qp=u(1);
P1=u(2);
P2=u(3);
Pp1=u(4);
Pp2=u(5);
Qr1=0;
Qr2=0;

pc1=1e5;
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pc2=1e5;
% spool maximum movement is l_max 3.7898e-04
% Extending state
if Qp >= 0
Q1 = Qp;
Q2 = -Qp/80;
% How the retract line relief valve should behave
if Pp2 <= P2+pc2
Qcr2 = Q2;
elseif Pp2 > P2+pc2
if Pp2 <= Pm
Qr2 = Qm*(Pp2-P2-pc2)/(Pm-pc2);
elseif Pp2 > Pm
Qr2 = sqrt(Pp2-P2-pc2)*Kv;
end
Qcr2 = Q2-Qr2;
end
% How the extend line relief valve should behave
if Pp1<(P1+pc1)
Qcr1 = Q1;
%Qr1 =0;
elseif Pp1 >= (P1+pc1)
if Pp1 <= Pm
Qr1 = Qm*(Pp1-P1-pc1)/(Pm-pc1);
elseif Pp1 > Pm
Qr1 = sqrt(Pp1-P1-pc1)*Kv;
end
Qcr1=Q1-Qr1;
end
y(1)=Qr1;
y(2)=Qcr1;
y(3)=Qcr2;
end
% Retracting state
if Qp<0
Q2 = -Qp;
Q1 = Qp/40;
% How the relief valve should behave in extend line
if Pp1<(P1+pc1)
Qcr1 = Q1;
%Qr1 = 0;
elseif Pp1 >= (P1+pc1)
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if Pp1 <= Pm
Qr1 = Qm*(Pp1-P1-pc1)/(Pm-pc1);
elseif Pp1 > Pm
Qr1 = sqrt(Pp1-P1-pc1)*Kv;
end
Qcr1=Q1-Qr1;
end
% How thw relief valve should behave in rectact line
if Pp2<(P2+pc2)
Qcr2 = Q2;
%Qr2 = 0;
elseif Pp2>=(P2+pc2)
if Pp2 <= Pm
Qr2 = Qm*(Pp2-P2-pc2)/(Pm-pc2);
elseif Pp2 > Pm
Qr2 = sqrt(Pp2-P2-pc2)*Kv;
end
Qcr2=Q2-Qr2;
end
y(1)=Qr2;
y(2)=Qcr1;
y(3)=Qcr2;
end

pcly4_1.m
function y=pcyl4_1(u)
%This is the modelling of Sunhydraulic pilot to shift 4 way valve.
%The diameter of drill is 4.7709mm and its radius is 2.3855mm, 6 drill holes in
each port.
%The minimum pilot operat pressure is 150psi = 1034 kpa, which is ahieved by
a displacement margin in valve controlled by a spring.
%The spring rate is 1.379e6 Pa/mm, the valve stroke is 2.15mm (without
%overlap region) and the overlap region is +/-0.75mm
%The diameter of internal spool is 10mm
Q=u(1); % pump flow
v=u(2); % velocity of the cylinder
p1=u(3); % pressure in bore side of cylinder
p2=u(4); % pressure in rod side of cylinder
Pp1=u(5); % pilot pressure at port 1
Pp2=u(6); % pilot pressure at port 6
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r=2.3855; % drilled hole radius mm
k=1.379e6; % spring rate Pa/mm
A1=(32/2000)^2*pi; % Area of bore
A2=((32/2000)^2-(18/2000)^2)*pi; % Area of bore-rod
d=900; % density of fluid
cd=0.65; % coefficient of discharge
const=cd*(2/d)^0.5;
Avn=4e-6;
Avne = Avn*0.8;
Avnr=Avn*0.8;
%Avn=4e-6;
sd=abs(Pp1-Pp2)/k-0.75;
if sd<=0
sd=0;
elseif sd>2.15
sd=2.15;
end
%Av=(r^2*asin((sd-r)/r)+sqrt(2*r-sd)*sqrt(sd)*(sd-r)+r^2*pi/2)*6e-6;
if Pp1>=Pp2 % cylinder in the extending state
Qd1=A1*v;
Qc1=Q-Qd1;
Ql2=A2*v;
Qd2=const*Avne*(p2)^0.5;
Qc2=Ql2-Qd2;
y(1)=Qc1;
y(2)=Qc2;
y(3)=sd;
end

if Pp1<=Pp2 % cylinder in the retracting state
Qd2=-A2*v;
Qc2=Q-Qd2;
Ql1=-A1*v;
Qd1=const*Avnr*(p1)^0.5;
Qc1=Ql1-Qd1;
y(1)=Qc1;
y(2)=Qc2;
y(3)=-sd;
end
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