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Abstract: The paper highlights a holistic, integrated, and multi-disciplinary approach to design
analysis of valve train systems, referred to as multi-physics. The analysis comprises various forms
of physical phenomena and their interactions, including large displacement inertial dynamics,
small amplitude oscillations due to system compliances, tribology, contact mechanics, and durability at the cam–tappet contact. Therefore, it also represents a multi-scale investigation, where
the phenomena can be investigated at system level and referred back to underlying causes at
subsystem or component level, in other words, implications of an event at microcosm can be
ascertained on the overall system performance. This approach is often referred to in industry
as down-cascading and up-cascading. The particular case reported here to outline the merits of
this approach concerns a four-stroke single-cylinder engine. This promotes a system approach
to engineering analysis for integrated noise, vibration, and harshness, durability and frictional
assessment (efficiency). Experimental validation is provided with a motored test rig, using laser
doppler vibrometry.
Keywords: valve train systems, noise, vibration, and harshness, frictional/tribological assessment, durability, multi-physics/multi-scale analysis

1

INTRODUCTION

The operation of a four-stroke internal combustion
(IC) engine is heavily dependent on the behaviour
of its valve train system. The concept is very simple and has been used long before the IC was even
conceived, for example, in steam engines. Basically,
a set of valves, which are closed during the highpressure region of the thermodynamic cycle open
progressively during the gas exchange region of the
cycle. However, the main design characteristics in
valve train systems have evolved significantly since
the early days. Given the low operational demand and
over-design, most of the early engine components suffered malfunction because of gradual degradation in
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the form of rust, rather than through mechanical failures. The development of later steam engines, and
particularly, the then newly introduced IC engines,
brought additional challenges, including the need to
reduce mechanical and frictional losses, durability,
and more recently noise and vibration refinement.
Although engines have reduced in size and weight (use
of lighter durable materials) the operating speeds and
loads have actually increased by at least an order of
magnitude. The IC engines have been evolved in line
with the increasing demand put on efficiency with
the additional requirement of reduced manufacturing costs. In recent years, the new generations of valve
trains have become significantly lighter and subjected
to much higher forces. Therefore, for every mechanism, the opening and the closing events are carefully
designed to synchronize their mechanical cycle with
the combustion cycle to achieve maximum efficiency.
This has brought new challenges, which in the case of
valve train systems translates into complex regimes of
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics
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lubrication in cam–follower conjunctions (reduction
of lubricant film, thus increased chance of wear),
stressing of load bearing surfaces (greater tendency
for inelastic subsurface deformation) and vibration
because of component flexibility. Therefore, to be
in line with these changes, a holistic and integrated
approach is desired, which necessitates breakdown
of the traditionally isolated engineering disciplines
to promote the concept of first time right in product development in an ever increasing competitive
market.
A typical valve train comprises a large number of
contacting elements whose interactions are governed
by a wide range of coupled phenomena. Consequently,
to accurately predict their mechanical behaviour, a
detailed transient dynamic model of the mechanism
is an important prerequisite.
The ideal model should account for the transient
interactions between several physical phenomena
ranging from system level interactions to those at
microscale. This approach is called multi-physics
multi-scale. The approach requires integrated solution for all the interactive phenomena, such as
Lagrangian dynamics for rigid body motions (of the
order of few to several millimetres for valve motion),
and Reynolds equation for lubricated conjunctions
(for submicrometre thick films). For a complex system such as a valve train, this requires differential equations of motion for several parts, constraint
functions for their assembly, Reynolds and elasticity
equations for all the contacts. The result is a system of differential–algebraic equations, which must
be solved simultaneously both in time and space
domains.
The most loaded contact in the valve train mechanism is the cam–tappet conjunction. The sliding nature of this lubricated conjunction, together
with a highly transient loading regime, renders this contact a major cause of valve train
mechanical inefficiency. Without the protective
effect of a lubricant film formed in the contact, the applied load together with vibrations
can cause significant frictional losses and in
extreme cases wear and scuffing of contacting
surfaces. A multi-physics model is reported here,
which incorporates all the aforementioned physical
phenomena.
The validity of a mathematical model can only be
accepted if at least some of its predictions are verified against experimental measurements. In order
to understand the effect of certain physical phenomenon, a fundamental test (fully independent of
the method of analysis) is required. The experience
gained, is then integrated back into the comprehensive framework of the whole system. The opposite
extreme is the use of a fully instrumented engine test
[1, 2]. Although much closer to reality, the resulting
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics

measurements should be very carefully analysed in
order to eliminate the influence of other additional
interactions. Because of the combustion process, the
results are usually affected by noise, and great care
should be taken in applying corrective methods.
Therefore, the optimal approach may be the use of
a test rig, in which an engine is motorized, rather
than fired [3–6]. The advantage of this technique is
that most of the additional noise is eliminated and the
resulting signal still preserves the interactions between
the key physical elements of the system.

2 THE MULTI-PHYSICS VALVE TRAIN MODEL
2.1

System dynamics

A constrained inertial dynamics model is required,
which should incorporate the elastic behaviour of
the various valve train elements. Each component
contributes to the system dynamics through its stiffness and damping properties, and special care is
taken while modelling the contacting/impacting conditions. The general framework is built on the method
described by Teodorescu et al. [7]. Figure 1 is a
schematic representation of the equivalent valve train
mechanism as a two-mass system model with three
degrees of freedom. Each lumped mass element
(m1 , m2 ) is considered to be rigid and represents the
mass of several components of the valve train system. Mass m1 represents the tappet, the push-rod,
and the proportion of the rocker arm in translation
on the push-rod side of the assembly. Mass m2 represents the valve, effective mass of the valve spring
(being one-third of its actual mass) and the contribution of the mass of the rocker arm on the valve
side. The connecting springs and dampers are considered to be massless. The contacts in the mechanism
are shown in Fig. 1 by two horizontal parallel lines.
The possible frictional losses are also introduced in
the model through inclusion of appropriate coefficients of friction for the contacting solids in relative
motion.
The governing equations of motion are obtained
for each element of the lumped masses, using the
Newton–Euler method, and solved together in a time
marching scheme. The general format for equation of
motion is

mi z̈i + cei (żi − żi−1 ) + kei (zi − zi−1 ) − kei+1 (zi+1 − zi )
− cei+1 (żi+1 − żi ) + Fi = 0

i = 1, 2

(1)

where, the friction between various components of the
valve train, as well as the possible additional forces are
JMBD77 © IMechE 2007
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Fig. 1

Dynamic model for the valve train system

given by the term Fi , and
⎧
ki · ki−1
c1 · ci−1
⎪
⎪
⎪
⎨kei = k  + k , cei = c  + c
i−1
i−1
i
i
⎪kei , cei = 0
⎪
⎪
⎩
ke3 = k2 , ce3 = c3

contact
loss of contact
i = 1, 2
(2)

The contact force between the cam and the tappet is
required in equation (1) for the mass m1 . This is effectively the integrated contact pressure distribution in
the cam–tappet conjunction, which means that for
proper analysis transient consideration of this contact
is necessary.
2.2

Cam–tappet conjunction

The conjunction between the cam and the tappet
accounts for the major portion of frictional losses
in the valve train system and should, therefore, be
included in the system model. This is a finite line
conjunction, which can be represented at any instant
of time by the contact of an equivalent roller near
a semi-infinite elastic half-space. Not withstanding
the stress concentrations at the edges of the cam to
tappet contact in the direction of cam width, the pressure gradient along the length of the equivalent roller
may be considered small compared with that in the
direction of lubricant entrainment: ∂P/∂y  ∂P/∂x.
Therefore, as a first approximation, an infinite line
contact solution may be undertaken, with the repercussion that the minimum film thickness is considered
JMBD77 © IMechE 2007
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to be in the vicinity of the exit boundary, and not
that in the exit region and to the sides of the contact,
as would be under physical conditions. Furthermore,
any side leakage of lubricant is considered to be negligible. Thus, solution for this conjunction may be
obtained using the following one-dimensional form
of Reynolds’ equation



∂ ρh
∂ ρh
∂ ρh3 ∂P
= 12 u
+
(3)
∂x
η ∂x
∂x
∂t
where, the contact is considered as an infinite line
configuration with x denoting the direction of entraining motion of the lubricant. Ideally, the cam–tappet
contact should be considered as a finite line contact and the complex tappet dynamics [8] taken into
consideration.
The elastic film shape is given by
h = h0 + δ

(4)

where, h0 is the instantaneous rigid separation, including the profile of the cam at any location in the
x-direction against the flat tappet, and δ is the instantaneous local deflection at any location in the contact, obtained by solution of the contact elasticity
problem as
1
δ(x) =
πE

 x∗ =xoutlet
x ∗ =xinlet

P (x ∗ ) D (x, x ∗ ) dx ∗

(5)

where, E  = 2/(1 − ν12 /E1 ) + (1 − ν22 /E2 ) is the reduced
Young’s modulus of elasticity of contacting pairs.
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics
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Where, δ is obtained at any location in the contact
because of all pressure elements within the instantaneous contact pressure distribution and D is the
influence coefficient matrix [9].
Now, clearly the extent of pressure distribution
from inlet to outlet must be determined. The outlet
boundary condition is thus required, and Reynolds’
boundary condition is implemented as
P|xinlet = 0 at x = −∞ (fully flooded), and P|xoutlet
=

∂P
∂x

=0

(6)

xoutlet

Now to solve Reynolds’ equation, one needs the rheological state of the lubricant (η, ρ). Viscosity variation
with pressure is taken into account using Roelands’
equation [10]
η = η0 exp[ln η0 + 9.67][(1 + 5.1 × 10−9 Ph )Z − 1] (7)
where Z = α/(5.1 × 10−9 [ln η0 + 9.67]).
Density variation with pressure is given by Dowson
and Higginson [11]
ρ = ρ0 [1 + 0.6P/(1 + 1.7P)]

(8)

Now the lubricant reaction acting on mass m1 , as
already described is found as
Fi =

 xoutlet
P dx

for

i=1

(9)

2.3

Determination of friction

Friction in cam–tappet contact arises because of
viscous and boundary contributions. Where a coherent lubricant film is assured, the contribution to
friction is because of viscous action under sliding condition alone. However, thin films are encountered at
inlet reversal positions (where the cessation of entraining motion takes place, prior to and after the cam
nose). Therefore, interruptions in a coherent film may
occur, depending on the composite roughness of the
contacting surfaces in relative motion. A parameter,
γ = h/ψ (ratio of film thickness to the composite
roughness of the contiguous surfaces), is used to ascertain any boundary contributions, which occur because
of asperity interactions. This occurs when γ < 3. The
composite surface roughness of cam and tappet surfaces for the contact considered is measured to be
0.2 μm.
The elemental areas in the contact region are
given as
dA = B dx

(11)

For each element, the asperity contact area and
the load carried by the asperities are computed,
based upon the model proposed by Greenwood and
Tripp [13] as
dAa = π 2 (ζβψ)2 F2 (γ ) dA

γ 
2
dFa = 0.75π(ζβψ)
E F5/2 (γ ) dA
β

(12)
(13)

xinlet

Kinematics of the contact (u, ∂h/∂t) are essential
for the solution of Reynolds’ equation. The speed
of entraining motion of the lubricant is the average
velocity of the contacting surfaces in the x-direction.
Disregarding tappet spin [12]
u = Rc +

2



1 ∂ s ω
ω2 ∂t 2 2

(10)

The elastic squeeze film velocity is ∂h/∂t = ∂h0 /∂t +
∂δ/∂t (equation (4)). This shows that the approach/
separation of contacting surfaces takes place by a combination of rigid body motion (the first term, when
negative indicates approach of surfaces) and their
local rate of deformation (when positive indicates an
emerging gap by local deformation of the surfaces).
This is easily computed under transient conditions as
(first-order approximation) ∂h/∂t = 1/ t(hj − hj−1 ),
where j denotes the time step and t the analysis
time step size. Therefore, in transient analysis ∂h/∂t
represents the historical variation in local contact conditions at any location x, and can be termed as film
memory.
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics

The two statistical functions F2 and F5/2 are determined
using the formulation proposed in [13] as
∞
1
2
Fn (γ ) = √
(s − γ )n e −s /2 ds
(14)
2π λ
In order to speed-up the numerical predictions, the
method proposed by Teodorescu et al. [14] for a line
contact is adopted here, and a fifth degree polynomial is fitted to each of the corresponding statistical
functions.
The total friction force, acting on an element dA is
computed as the sum of the viscous and boundary
friction components as

F = (dFb + dFv ) dx
(15)
The boundary friction force results from the shearing
of a very thin film (down to several layers of molecules),
which prevails in the contact between the asperity
tips during their contact. The friction force is computed as described in references [13] and [14]. The
non-Newtonian shear stress τE is given as a function of
the normal load components [15]. Consequently, the
JMBD77 © IMechE 2007
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boundary friction force, acting on an element can be
expressed as
dFb = τ0 dAa + m dFa

(16)

The general form for the viscous friction force only
takes into account the shear of the lubricant film,
which is trapped between the sliding surfaces outside
the asperity contact areas. Thus
⎧ ηu
ηu
⎪
⎪
⎪ h (dA − dAa ) −→ h  τE ≈ 2 MPa
⎪
⎪
⎪

⎨
dF − dFa
dFv =
τE + 0.8
(dA − dAa )
⎪
dA
⎪
⎪
⎪
⎪
ηu
⎪
⎩
−→
 τE ≈ 2 MPa
h
(17)
2.4

Subsurface stress field

Load bearing contacts represent the most critical components in many machines and mechanisms. An ideal
load bearing conjunction would possess sufficient
compliance to undergo local deformation under load.
This enhances the formation of a protective lubricant film, while having an adequate hardness, to avoid
excessive wear because of surface asperity interactions
of the contiguous solids. Excessive contact pressures
can also cause inelastic deformation due to subsurface
stress field, exceeding the elastic limit, and causing
fatigue spalls. Cam–tappet contact is the most loaded
conjunction in IC engines, and any multi-physics analysis should incorporate proper contact mechanics of
this conjunction.
Harmonic decomposition techniques have always
presented an opportunity to be used in such applications, although their primary use has been in the
determination of global deformation of elastic solids,
such as in bending and buckling of plates and shells
[16]. The small dimensions of non-conforming contacts provide an interval of very short length. This
means that a pressure distribution, acting upon the
contact area, must be approximated by a harmonic
series of significant number of orders. An additional
consideration is that the local nature of deformation
is preserved below the natural modal behaviour of
the contacting solids (see the Hertzian impact theory), thus restricting the upper limit of the harmonic
series. This combination of restrictions, together with
the averaging nature of the fast Fourier analysis has
presumably been the reason for the late take-up of this
approach as an alternative to the traditional method
of predicting contact behaviour.
Figure 2 shows the contact conditions as well as the
pressure distribution. This practical problem corresponds to the plane strain condition, as pointed out
JMBD77 © IMechE 2007

Fig. 2 Transverse pressure distribution on the contact

by Hertz [17]. To achieve a realistic prediction, both
the contact load as well as the contact friction should
be considered. Since the pressure distribution over the
contact footprint is half an ellipse, it is also assumed
that shear also has a similar distribution.
Both the contact pressure and surface shear distributions can be decomposed into Fourier series over
a chosen interval, larger than the footprint width in
this case. The size of this interval 2L should be large
enough to avoid excessive influence because of edge
effects, thus


⎧
∞

2π x
⎪
⎪
P = 0.5P0 +
Pk
⎪
⎪
λk − ϕ k
⎨
k=1


⎪
∞
⎪

2π x
⎪
⎪
τk
⎩τ = 0.5τ0 +
λk − ψ k
k=1
(18)
where
αk = 2π/λk

and

λk = L/k

The stress field can be computed for each harmonic
component (wavelength) separately and the final prediction is obtained using the superposition principle. Teodorescu et al. [18] have shown that the final
subsurface stress tensor can be expressed as
⎧
k σxx sech αk y
⎪
⎪
⎪
⎪
= [Pk cos(αk x − ϕk )(αk y − 1)
⎪
⎪
⎪
⎪
⎪
+τk sin(αk x − ψk )(αk y − 2)](tanh αk y − 1)
⎪
⎪
⎪
⎪
⎪
⎪
⎨k σyy sech αk y
= [−Pk cos(αk x − ϕk )(αk y + 1)
⎪
⎪
⎪
+τk sin(αk x − ψk )αk y](tanh αk y − 1)
⎪
⎪
⎪
⎪
⎪
⎪
k σxy sech αk y
⎪
⎪
⎪
⎪
= [−Pk sin(αk x − ϕk )αk y
⎪
⎪
⎩
+τk cos(αk x − ψk )(αk y − 1)](tanh αk y − 1)
(19)
Note that most of the modern cam and tappets are
protected with wear resistant coatings. The general
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics
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method to deal with such cases takes into account the
effect of thin- or thick-layered bonded solids [19].
The pressure distribution is decomposed into a
number of harmonic components and a line of constant pressure. The effect of this latter term on the
contact stresses is taken into account here.
For any location x, y under the surface the stresses
can be evaluated as [20]
⎧
P0
⎪
⎪
[2(θ1 − θ2 ) + (sin 2θ1 − sin 2θ2 )]
0 σxx = −
⎪
⎪
2π
⎪
⎪
 

⎪
⎪
r1
τ0
⎪
⎪
− (cos 2θ1 − cos 2θ2 )
4 ln
+
⎪
⎪
⎪
2π
r2
⎪
⎪
⎪
P0
⎨
[2(θ1 − θ2 ) − (sin 2θ1 − sin 2θ2 )] (20)
0 σyy = −
2π
⎪
⎪
τ0
⎪
⎪
+
(cos 2θ1 − cos 2θ2 )
⎪
⎪
⎪
2π
⎪
⎪
⎪
P0
τ0
⎪
⎪
[2(θ1 − θ2 )
(cos 2θ1 − cos 2θ2 ) −
⎪
0 σxy =
⎪
⎪
2π
2π
⎪
⎩
+(sin 2θ1 − sin 2θ2 )]
Fig. 3 The experimental set-up

where
r1,2 =
3


(x ∓ L/2)2 + y 2 , tan θ1,2 = y/(x ∓ L/2)

EXPERIMENTAL SET-UP

In the current work, a 5-Hp single-cylinder Honda IC
engine was powered by a variable speed electric motor.
The goal was to validate the dynamics of the complete valve train model, as well as the cam profile, by
monitoring the movements of the tappet in the test
rig. Since the dynamics of the valve train system is of
primary interest, the piston and the rest of engine auxiliaries were removed. Several openings were made in
the engine block to ensure access for measurements
to be carried out. Figure 3 depicts an electric motor (1)
and the test engine (2).
Monitoring of the motion of valve train components
at high acceleration can be achieved with a variety of
methods. Norton et al. [21] have analysed the vibration characteristics of a valve train system, providing a
critique of the various available methods. The cylinder head was mounted on a separate fixture, and
one of the intake valves was instrumented. Teodorescu et al. [14] installed a miniature accelerometer
on the valve seat of a fired engine and monitored
the acceleration over a large range of engine speeds.
One of the common conclusions made is that ideally the method of measurement should not interfere
with the valve train geometry. Therefore, for the current study, a non-contacting method was employed.
A laser Doppler vibrometer (LDV) was used to measure the tappet lift velocity. The method consists of a
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics

laser source (point 3 in Fig. 3), which transmits a single beam towards the tappet. The upper side of the
tappet is covered with a special reflective paper to
reduce the chance of beam scatter. Figure 4 shows the
principle of operation of an LDV. To reduce the noise
and to minimize the measurement errors, the beam
was carefully centred orthogonal to the upper side of
the tappet at all times. An attribute of cam–tappet
contact is that the cam is designed to approach the
tappet with a predefined eccentricity. During the event

Fig. 4

Principle of use of the LDV
JMBD77 © IMechE 2007
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cycle, this misalignment generates a moment along
the vertical axis of the tappet, and consequently, the
tappet tends to spin. Teodorescu et al. [22] have investigated the tappet spin phenomenon. This, together
with the vertical motion of the tappet can alter the
LDV measurements and result in an error. However,
this shortcoming can be eliminated if the laser beam
is directed orthogonally to the reflective surface of the
target.

4

RESULTS AND DISCUSSION
Fig. 6

4.1

A suitably designed mechanism should ensure
required valve timing and sealing. This can be achieved
through numerous methods. The most commonly
used method is to introduce a small clearance in the
mechanism, ensuring correct valve closure durations
with no additional applied force. A downside to this
approach is that at the start of the event cycle, the
clearance is suddenly taken-up by the cam lift, with
all the mechanism components coming into contact,
thereby, resulting in an undesired impact. Therefore,

Fig. 5

Experimental and theoretical cam lifts

Experimental validation

Comparison between the experimental and
theoretical tappet velocity

JMBD77 © IMechE 2007

the engine life may be affected by the high impact
forces. A simple method of overcoming this problem
is to introduce a ramp at the beginning and at the end
of the cam profile. The geometrical profile of such a
ramp has been investigated in some detail by Chen
[23]. Because of the vertical orientation of the experimental set-up, the cam and tappet are likely to be in
contact during the part of the cycle, when the valve is
not actuated. Figure 5(a) shows the measured tappet
velocity, together with the predictions provided by the
model. Two constant velocity ramps, one before the
opening part of the event and the other after closure
can be observed. Since the mechanism is not loaded
during these ramps, the velocity remains constant and
consequently, there is no acceleration. Thus, the ramps
are of little interest in the combined durability and
noise, vibration, and harshness assessment, and thus
are not included in the model.
The experiment was repeated for several engine
speeds to verify consistent behaviour. Figure 5(b)
shows the tappet velocity for three different engine
speeds, together with the corresponding model predictions. The stretch of the curve at lower speeds is
due to a longer time required for the mechanism to
describe the cam profile.

Fig. 7

Lubricant entrainment velocity

Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics
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Fig. 8 Transient pressure and shear distributions and film shape through the inlet reversal during
the wind-up process

The predicted values for tappet velocity contain
lower noise levels than those obtained experimentally.
This is partly random, due to measurement error, and
partly repetitive across the engine speed spectrum,
due to surface irregularities, not accounted for in the
model. The simulation of the dynamic behaviour of
the mechanism requires an accurate prediction of the
tappet acceleration. However, by differentiating the
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics

experimental signal, the noise levels are extensively
amplified. The integration of the tappet velocity curve
with respect to time yields the tappet lift as shown
in Fig. 6.
It should be noted that the integration process also
acts as a smoothing algorithm. Therefore, the cumulative error over the whole cam event results in a small
skew of the curve at the end of the closure event.
JMBD77 © IMechE 2007

Multi-physics analysis of valve train systems

A high-order polynomial cam is utilized in the mathematical model. The polynomial function for the cam
was achieved by employing curve fitting techniques to
the experimentally obtained cam lift data [2, 23].

4.2

Down-cascading from system level to
microscale contact interactions

Now that good agreement is obtained between the predictions and the experimental data, the model results
can be used to study many important design and performance aspects, where measurements are difficult
to undertake, such as from cam–tappet interface.
Figure 7 shows the lubricant entrainment velocity for a cam cycle. At the beginning and at the end
of the cam event, the cam–tappet contact is on the
cam flanks, where the speed of entraining motion and
instantaneous radius of curvature of the cam attain
their highest values. Consequently, the oil film is relatively thick and the regime of lubrication is usually
hydrodynamic, with low friction, and thus not of great
interest. However, around ±70◦ from the position of
cam nose the speed of entraining motion ceases and
changes direction. These positions are known as inlet
reversal regions because of a change in the direction
of lubricant flow into the contact. At these locations
the supply of fresh lubricant by wedge action ceases
and an oil film survives purely due to the squeeze
film action [8]. In the extreme cases of high load and
low engine speeds, a mixed regime of lubrication is
most likely in these locations, where boundary friction
would contribute to the contact frictional behaviour.
The cam nose region usually suffers the highest contact load, but the nearly constant speed of entraining
motion ensures a continuous supply of lubricant, and
the regime of lubrication is predominantly piezoviscous elastic (i.e. elastohydrodynamic lubrication
(EHL)). It is interesting to ascertain whether these
experiential findings are borne out by the predictions
of the multi-physics model.
Figure 8(a) shows a series of pressure distributions
and the corresponding lubricant film thickness, as the
cam traverses through the wind-up region (inlet reversal point at around −70◦ ). Note that the inlet trail of the
pressure distribution (on the right-hand side of the
figure) gradually changes direction (to the left-hand
side). The solitary pressure spike, typical of elastohydrodynamic (EHD) pressure distributions, migrates
from the initial outlet position (on the left-hand side)
to the final outlet location. In the process of migration,
gradually a pressure spike emerges at the opposite end
of the contact as the initial spike begins to diminish in magnitude. This is an important phenomenon,
as the pressure spike inhibits the flow of lubricant
in the region directly beneath it, thus depleting the
JMBD77 © IMechE 2007
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film and increasing the chance of direct surface interactions (see later). Correspondingly, a cave (dimple)
appears in the elastic film shape. This is because of
the elastic squeeze effect. This cave moves within the
contact, which indicates the movement of a pressure
wave through the contact at inlet reversal points. This
phenomenon tends to generate a higher film thickness
during these parts of the cycle, where the cessation
of entraining motion would normally be expected to
cause the depletion of the oil film. The elastic squeeze
film is dominated by the local distortion of surfaces,
being a much quicker elastic phenomenon than the
slow viscous response of the lubricant being pushed
out of the contact by rigid approach, and is referred
to above as film memory. It is an unintentional fortunate event that happens to be also engrained in nature,
such as in natural mammalian joints [24]. The results
here also corroborate the conclusions of Kushwaha
and Rahnejat [25] that squeeze caving phenomenon
is really a by-product of kinematics of the contact.
Figure 8(b) shows the corresponding shear stress
distribution for those cases shown in Fig. 8(a). These
indicate the prevalence of mixed regime of lubrication
through the wind-up inlet reversal event, being the
contribution due to boundary lubrication. It is also
clear that the total shear behaviour puts the contact
condition firmly into non-Newtonian for the most of
the contact as τ > τE . However, the viscous contribution remains largely in the Newtonian regime, except
in the vicinity of the migrating pressure spike in the
latter parts of the wind-up process. In fact, its contribution is almost insignificant prior to the inlet reversal,
and during the lift event. As the cave depth initially
increases the shear stress is reduced and as the inlet is
completely reversed (the culmination of the wind-up
process), both the viscous and boundary contributions increase accordingly. This shows that squeeze
caving event is in fact quite a favourable tribological
event on its own accord, which has been somewhat
underrated.
The same conditions also occur at around +70◦ ,
where the wind-down process (subsequent inlet

Fig. 9

Cyclic variations of coefficient of friction
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Fig. 10
Proc. IMechE Vol. 221 Part K: J. Multi-body Dynamics

Subsurface stress fields
JMBD77 © IMechE 2007

Multi-physics analysis of valve train systems

reversal) takes place, but lower pressure spikes and
shallower dimple formation are noted.
As the regime of lubrication alters from the cam
flank-to-tappet contact through the inlet reversal
points and onto the cam nose, as well as the rheological behaviour of fluid from dominantly Newtonian
to non-Newtonian, the coefficient of friction changes
accordingly. Figure 9 shows that the coefficient of
friction falls rapidly on the flank contacts as hydrodynamic conditions are attained, with mainly Newtonian
viscous friction. Between the reversal points and onto
the cam nose, the coefficient of friction hardly alters
and has its maximum value, with the prevalent mixed
regime of lubrication, dominated by boundary friction. At and in the vicinity of inlet reversals due to low
speed of entraining motion boundary contribution
dominates, as already shown in Fig. 8(b), but the formation of the squeeze cave actually mitigates against
the undesired effect of friction. This is a major fundamental find, suggesting that application of soft coating
layers in these regions of cam may lead to a reduction in frictional losses. Investigations of this type, in
more detail, may pave the way to localized economical application of appropriate coatings (modulus of
elasticity and layer thickness), rather than the current
experimental ad hoc approach. A migrating pressure
spike in a softer conjunction can lead to a greater depth
of squeeze cave, a phenomenon already demonstrated
in Fig. 8(a).
The pressure spike sets up localized subsurface
stress field of its own, superimposed upon the overall
subsurface stress tensor, increasing both the magnitude of stresses and reducing the depth beneath the
surface that such stresses attain their highest values, thus exists a greater chance for fatigue spalling.
Figure 10(a) shows this asymmetry in the maximum
shear stress field, indicated by the isocline at 120 MPa,
tending towards the surface of the tappet (i.e. at y = 0).
This absolute maximum island of shear stress follows
the Hertzian theory at 0.3 PH , where PH is the maximum Hertzian pressure (the primary pressure peak
in the EHL pressure distribution, at the top left-hand
pressure distribution of Fig. 8(a)). Under elastostatic
Hertzian condition, the contact semi-half-width in the
x-direction would be 0.03 mm. The depth at which the
maximum shear stress should occur would be 78 per
cent of this semi-half-width (or 0.0234 mm), which is
predicted to be 0.024 mm in the case of Fig. 10(a).
This shows very good agreement with the classical
theory. The shift along the x-axis is due to the presence of the EHL pressure spike. The asymmetry due
to pressure spike is better observed in the subsurface
stress tensor component σxy . This is the orthogonal
reversing shear stress, which is of a cyclic nature as
can be seen at the top left-hand inset in Fig. 10.
Note that the isoclines in the vicinity of the pressure spike pack very closely and approach the surface.
JMBD77 © IMechE 2007

359

This shows that sufficiently high pressures can lead to
fatigue.
However, the contact is subjected not only to applied
pressures, but also to shear as already discussed. Thus,
Fig. 10(a) is only informative. The correct predictions
for the contact condition are those in Fig. 10(b), where
the effect of shear leads to an increase in magnitude of
shear stresses near the surface as well as further asymmetry in the subsurface stress tensor. Further islands
of stress are formed due to the migration of the pressure pip, with its localized field propagating from x > 0
to x < 0 with the squeeze cave (Figs 10(a) to (d)).
Figure 11 provides better visualization of the formation of the squeeze cave and its migration at the
inlet reversal during the wind-up process. Figure 11(a)
shows the depth of the dimple emerging during the
onset of contact transition from cam flank (inlet
reversal). The step increase in the film thickness indicates the emergence of the dimple (Fig. 8(a)). The
depth increases gradually (and also migrates along the
x-direction (Fig. 11(c))) until the dominance of elastic
squeeze ceases and entraining motion of the lubricant
commences, indicated by the sharp drop in the dimple depth. In the corresponding Fig. 11(b), a negative
value for the squeeze velocity indicates rigid approach.
Thus, to the left of the indicated demarcation line (on
the cam flank just prior to the inlet reversal) a small
approach of surfaces is noted. At the event, a sharp
rise in ∂h/∂t > 0 indicates the dominance of the elastic nature of squeeze velocity (i.e. |∂δ/∂t|
|∂h0 /∂t| ∴
∂h/∂t > 0), creating the squeeze cave. Thereupon,
the effect of squeeze diminishes (∂h/∂t ≈ 0) and the
depth of the cave remains more or less unchanged

Fig. 11

Kinematics of squeeze cave phenomenon
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(Fig. 11(a)), but is pushed along the contact (Fig. 11(c))
with the reinstatement of entraining motion. This is
the sign of migration of the pressure spike across the
contact (Fig. 8(a)), with the eventual large approach
of the surfaces (∂h/∂t > 0) to smoothen the cave and
attain the familiar EHL pressure distribution shape
dominated by entraining motion (Fig. 8(a), the inset
at the bottom left-hand corner). The predictions here
show that squeeze caving is essentially governed by
contact kinematics, as correctly observed by Kushwaha and Rahnejat [25] and need not be explained
in terms of a thermal wedge as has been invariably
suggested as a cause, which is in fact clearly an effect.

5

CONCLUSIONS

The multi-physics model provides an integrated tribodynamic analysis, coupled with the evaluation of
subsurface stress field. The model results at the system
level agree with experimental measurements. With
down-cascading, even to microscale not only additional information of a practical nature is found, but
also some fundamental aspects of physics of motion
can be ascertained. Further physical phenomena such
as heat generation due to work done should be added
in future work, which would affect lubricant rheology, thus the contact conditions and consequently the
system behaviour.
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APPENDIX

s
t
u

Notations
A
Aa
B
ci
E1 , E2
E
F
Fa
Fb
Fi
Fn
Fv
h
h0
k
ki
L
m
m1
m2
P
PH
Pk
r1 , r2
Rc

contact area
asperity contact area
cam width
generic damping coefficient
elastic moduli for cam and follower
materials
reduced modulus of elasticity: E  =
2/{(1 − ν12 )/E1 + (1 − ν22 )/E2 }
total friction force
force carried by asperities
boundary friction force
applied forces
statistical functions
viscous friction force
elastic film shape
rigid separation
harmonic order
generic stiffness
Fourier decomposition interval
pressure coefficient of the boundary
shear strength
equivalent mass of push-rod and
tappet
equivalent mass of valve assembly
pressure
maximum Hertzian pressure
amplitude of the kth harmonic of the
applied pressure k = 0 → N
radial extent of the subsurface compressive stress field
instantaneous radius of curvature of
cam
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x
y
zi
Z
α
ακ
β
γ
δ
t
ζ
η
η0
θ1 , θ2
λk
ν1 , ν2
ρ
k σij

τk
τE
ψ
ω

361

cam lift
time
speed of entraining motion of the
lubricant
coordinate along the contact surface
coordinate into the depth of the contacting solids
rigid body motions
pressure viscosity index
piezo-viscosity index
=2kπ/L
asperity radius of curvature
film thickness parameter
local elastic deflection
time step size
surface density of asperity peaks
dynamic viscosity of the lubricant
atmospheric dynamic viscosity of the
lubricant
circumferential extent of the subsurface compressive stress field
=L/K wavelength for the kth harmonic
Poisson’s ratio for cam and follower
materials
atmospheric bulk density of the lubricant
kth component of the stress tensor,
where i, j ∈ {x, y}
amplitude of the kth harmonic of the
applied shear stress k = 0 → N
Eyring shear stress of the oil
composite surface roughness
camshaft angular velocity
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